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Abstract

This doctoral thesis proposes a novel semi-active vibration control technique for
mechanical transmission systems. The backbone of current research technology
is the adaptive stiffness and damping properties of metal rubber (MR) which plays
the role of tuning to the vibrational system eigenmodes. The adaptive properties
of MR material were proved by a previous study, but the present research
investigates the effect of this feature on the structural response and designs an
MR-based semi-active vibration controller for industrial application. For this
purpose, the semi-active control strategy is created based on an optimal tuning
using experimental harmonic test results. The control strategy is applied in practice
using a linear actuator controlled by a double pole double throw (DPDT) relay, and
National Instruments hardware and software for reading data and writing the
control task. The isolator attachment position is defined through the analysis of

eigen mode shapes that are predetermined by numerical simulation.

The assessment of isolator effectiveness is carried out in two phases. The first
phase investigates the vibration control rate for a cantilevered plate and the second
phase studies a plate accommodating a bearing and a shaft. The last phase is
dedicated to a plate accommodating bearing and shafts in a commercial vehicle

transmission system.

The first phase is prominent since it demonstrates the vibration isolator effect on
dynamics response of a well-known structure. In the second phase, a maximum
isolation rate of 55.17 % is measured near the vibration isolator position. It is
observed that the isolation position has a prominent effect on structure vibration
behavior where the elastic wave has been reduced in amplitude by passing the
isolator position. The effectiveness of the MR-based semi-active control approach
is eminent and its application for vibration isolation of commercial mechanical

transmission systems could be studied in the future.

In the third phase of study, a particular automotive transmission component—
precisely, a plate dedicated to accommodating bearings—has been selected as

the focus of research to control its noise and vibrations. A microcomputer-driven



control system is applied, featuring characteristics such as high performance,
compact size, lightweight design, and energy efficiency, which make it ideal for
testing in the automotive sector. The efficacy of the devised control scheme is
assessed through the deployment of accelerometers and sound intensity probes
to quantify the vibrations and the radiated acoustic power, respectively. Interesting
noise and vibration reduction rates are achieved using both open-loop and closed-
loop strategies. This research opens the horizons to employ MR material in a semi-
active configuration for industrial requirements surpassing its classical passive

implementation, notably in terms of wide-band attenuation performance.
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Chapter 1: Introduction



1.1Framework of research

The present scholarship is a branch of the mother project entitled LIVE-I. LIVE-I
which itself stands for Lightening and Innovating transmission for improving vehicle
environmental impacts is defined in the framework of MARIE-SKLODOWSKA
CURIE ACTIONS research fellowship. The program consortium involves 12
academic and non-academic members to build an innovative training network, and
promote research on design of lightweight gear transmission systems with minimal
environment impact. Nine ESR°s are recruited each of which is assigned to pursue

a branch of the whole project.

The present research thesis is devoted to ESR7, Sina Soleimanian who was
hosted by the Industrial Engineering department of University of Naples Federico
II (UNINA) in Italy, and passed an industrial journey at Adaptonica company in
Poland. The Industrial Engineering Department of the UNINA specializes in
Industrial Engineering, addressing issues of cultural, social, and economic
development while fostering technology transfer, innovation, and commercial
partnerships. With specialized courses in energetic and mechanical engineering,
aerospace and naval engineering, and quality and management engineering, the

department is home to a Ph.D. school in industrial engineering.

Adaptronica was established as a spin-off from the Institute of Fundamental
Technical Research in Warsaw, consisting of a team of highly skilled engineers
who are dedicated to leveraging state-of-the-art technical advancements. Their
expertise lies in intelligent technologies, seamlessly integrating powerful software
algorithms, intelligent materials, and vibroacoustics relying on mechanics,
electronics, and other scientific disciplines. Adaptronica's primary focus is on
developing applications that enhance the durability and safety of engineering
constructions, encompassing various areas such as automobiles, bridges, and

aircraft.

5 Early stage researcher



The present research is partly carried out in Adaptronica company and the UNINA.
The knowledge support from UNINA scholars in Pasta Lab became the driving
force to promote the current research when it met the expertise and experience of
Adpatronica experts. Having along track of documented records in NVH field
(D’Alessandro et al., 2013; De Rosa et al., 2012; Petrone et al., 2014), Pasta lab
possessed the necessary potential to oversee the academic supervisory of the
project. On the other side, the Adaptronica company contributed to the project
through offering insightful consultation by their experts with noticeable research
track in the relevant field (Kotakowski et al., 2011; Mréz et al., 2008).

1.2 Motivation and Background

Noise, vibration, and harshness (NVH) performance in the automotive industry
have become a crucial design factor due to the increasing demand for vibro-
acoustic comfort. This trend is further reinforced by the implementation of new
standards such as UN/ECES® regulations (Boer and Schroten, 2007; De Roo, 2013;
UN-ECE Regulation, n.d.) which imposes limitations on permissible noise and
vibration levels in the automotive industry. To have a basic insight about the
contribution of noise sources from a pass-by vehicle Figure 1 (Braun et al., 2013;
Li, 2018) represents a graphical ranking. According to this ranking, the powertrain
exhibits a moderate to substantial impact on the overall noise emission. In addition,
it is documented that at low speeds the noise produced by the powertrain and
engine is dominant (Ahmed, 1995; Covaciu et al., 2015; Laib et al., 2019). Since
noise with low frequencies is perceptible to human ear, there is ongoing research

aimed at identifying, analyzing, and controlling this kind of noise.

6 United Nations Economic Commission for Europe
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Figure 1. Noise source ranking for a pass-by vehicle (Braun et al., 2013)

Another point worth noting is that electric vehicles (EVs) have no engine noise,
instead, the major source of noise is gear noise caused by the powertrain operation
(Son et al., 2020). Hence, the study of transmission noise has gained momentum

in recent years in response to the escalating demand for vehicles electrification.

The study of vehicle gearbox noise involves a thorough examination of the areas
of NVH detection, analysis, and strategic control. This interdisciplinary endeavor
converges principles from mechanical engineering, materials science, and
computer science exemplifying the amalgamation of various academic disciplines.
NVH analysis employs particular techniques like modal testing to uncover natural
frequencies and vibrational modes, additionally identifying noise sources and their
propagation pathways. An example of modal testing performed on a real gearbox
assembly, which includes gears, shafts, and bearings supported by a housing is

demonstrated by Figure 2 (Zhang, 2018).



Figure 2. Modal testing of a vehicle gearox (Zhang, 2018)

The understanding of vehicle gearbox vibration response can effectively help
decide the proper solution for NVH improvement, and consequently design and
apply the chosen solution. There exist four common techniques for controlling
gearbox noise and vibrations. These techniques encompass: (1) active inertial
actuators on the gear body, (2) semi-active gear-shaft torsional coupling, (3) direct
active bearing vibration control, and (4) active shaft transverse vibration control.
These approaches aim to either prevent vibration energy transmission into the
housing or mitigate the effect of dynamic mesh force excitation. Their contribution
to reduce vibrations in transmission systems is significant as it can improve overall
durability and performance. An example of vibration control mechanism is
represented by Error! Reference source not found. where piezoelectric actuators c

ontribute in bearing induced reverberation.
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Among different control strategies for vehicle transmission system noise and
vibration dampening, semi-active solutions have shown a great potential according
to experimental and simulative studies. By enabling controlled damping with
minimal energy input, these solutions offer efficiency advantages. An ongoing
research (Guglielmino and Edge, 2004) has been conducted to effectively

implement semi-active approaches in the entire vehicle powertrain system.

Semi-active approaches involve making choices or trade-offs between power and
bandwidth. The bandwidth itself requires specific attention since mitigating high
frequency noise requires low stiffness and vice versa. The control force defining
stiffness needs support from a source with a widely variable output for adaptability
to a broad frequency range. Moreover, alongside the stiffness range, the switching
resolution is a crucial factor that can significantly impact attenuation performance.
The desired resolution requires a customized or carefully chosen technology to
control the input energy properly. Thus, many considerations are required to be
taken to guarantee an ideal wideband attenuation with minimal required input

energy.

Semi-active systems can be implemented using a relatively simple control logic.
Consequently, the application of control circuitry, programming, and automation
can be executed in a straightforward manner. While the significance of simplicity
as a criterion may depend on specific needs, it can lead to less space needed for
control hardware in a vehicle, lighter components, and make maintenance and

troubleshooting more straightforward when necessary. One point to mention is

6



that, simplicity of control does not mean a controller with simple architecture and
preferences can meet the project requirement. In fact, an ideal controller for vehicle
NVH purpose at research stage should offer many characteristics such as efficient
architecture, high clock speed, analog-to-Digital Converters (ADC), multiple 1/0

Ports, interrupt handling, and low latency communication interfaces.

Semi-active systems do not require a live optimization process common in active
systems which reduces the system degree of robustness which is a critical factor
in automotive sector. In fact, the system can be optimized in advance, and the
control can be applied using an optimal algorithm designed for an open- or closed-

loop strategy.

In conclusion, semi-active systems offer numerous advantages that can
significantly enhance vehicle NVH characteristics, provided the aforementioned

challenges are successfully overcome.

1.3Research objectives

The present Ph.D.thesis is primarily concerned with reducing vibration
propagation and acoustic radiation in vehicle gearbox systems. This quest is
consistent with the underlying objective of improving passenger comfort, a critical
requirement for contemporary car design. Furthermore, it aligns with the
automotive sector's broader drive for sustainable mobility solutions, as the
mitigation of these effects aids in reducing noise pollution. In accordance with this
aim, the thesis follows several sub-objectives that address the intricate technical
and perceptual aspects. These sub-objectives which are expressed in the following
serve as a road map for advancing both vehicle engineering practices and the

automotive industry's commitment to eco-friendly transportation solutions.

1. Identification of noise and vibration source, and noise path

Understanding the sources of noise and vibration is critical prior to isolator design
and installation procedure. This understanding, based on insights from vehicular

dynamics research, reveals the complicated interplay between vehicle



components and transmitted forces and the noise propagation path, identifying
major contributors to noise and vibration generation. Hence, this knowledge is vital
to optimally tune isolator properties, successfully targeting certain frequencies and

vibration modes, and encouraging superior noise and vibration reduction.
2. Design of the semi-active isolator

Initially, the selection of an appropriate adaptive technology that aligns with
dynamic phenomena and fulfills automotive sector prerequisites is imperative. The
selected technology then has to be developed in order to create a semi-active
control isolator. This objective can be effectively realized by consolidating the
requisite hardware, obtainable through market or fabricated from laboratory-
developed components. This entails designing the isolator considering
electromechanical aspects to enable semi-active automatic control. The major
components include the electrical circuit elements, mechanical control devices
(sensors, actuators, etc.), embedded systems (microcontrollers, microcomputers,
etc.). Moreover, optimal tuning of the isolator is an essential design procedure to
maximize its noise and vibration reduction capacities. Indeed, the optimization of
isolator tuning, facilitated by a systematic parametric followed by an optimization
algorithm, makes it possible to establish an optimal control scheme. The other side
of design is the software development which entails programming the embedded
system in order to accomplish the reading and writing tasks properly considering
reaction time, the control algorithm, safety conditions and so on.

The multifaceted approach to design the semi-active isolator ensures
harmonization between technology, design, and performance, reflecting a

comprehensive strategy in pursuit of minimizing noise and vibration impacts.
3. Application of the semi-active isolator

To ensure the proper functionality and efficacy of the designed semi-active isolator,
preliminary testing on a basic structure with known dynamic behavior is required.

Hence, the success of this stage instills the confidence needed to progress further.



In fact, the implementation can extend to more intricate vibrating systems. In this
study, the isolator's performance is initially evaluated on a cantilevered plate,
followed by its application to a more complex structure featuring a plate hosting a
bearing and a shaft. The assessment concludes with evaluating the effectiveness
of the approach on a commercial vehicle transmission component. This
methodological progression safeguards the isolator's reliable integration and

performance across varying levels of complexity.
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2.1Chapter organization

This chapter provides a comprehensive insight into various aspects of NVH related
domain in vehicle transmission system. The chapter begins by clarifying dynamic
models of these systems, scrutinizing the central components of their operation,
including gears, shafts, and bearings, and extending the model to include
stationary components, including structural shells and associated structures. This
knowledge base provides a solid framework for understanding the micro-

complexities underlying automotive transmission performance.

The great advance in transportation modeling, known as the reduced hybrid model,
is described in these pages. This new approach has the potential to change the
way we think about and engineer transportation. In addition, the chapter initiates
an intensive investigation in the area of vibration control in automotive applications.
This includes research into techniques and strategies aimed at reducing vibration
and increasing overall driving efficiency, contributing to further improvements in

vehicle dynamics.

In the field of vibration monitoring, this chapter critically examines the growing
trend of partial vibration and acoustic manipulation techniques. These
mechanisms are necessary to achieve a delicate balance between driving comfort
and dynamic performance, a perennial goal in modern automotive design. This
chapter also looks at "Metal Rubber" whose properties have the potential to
change how engineers manage vehicle vibrations and dynamics, marking an

exciting development in automotive engineering.

2.2Dynamic modeling of vehicle transmission systems

Many engineering problems require modeling of structures with a large assembly
of components. Subsequently, complexity of modeling, heavy computation cost,
higher degree of nonlinearity is often associated with modeling these large
assemblies. Hence, employing decoupled components for modeling, analysis and
optimization could be an effective approach to overcome the aforementioned

challenges.
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Decoupling of components (Wang, 2010) is also useful to facilitate noise source
identification and analysis. In some applications when a source is deliberately
disconnected, like removing the engine mount which results a significant decrease

in noise amplitude at the receiving point, the primary root cause becomes evident.

Quantifying individual components contributions to total NVH (Noise, Vibration,
and Harshness) is another reason for component decoupling, in order to evaluate
and quantify the degree to which each component or subsystem affects the
general NVH behavior of a vehicle. Engineers can prioritize and efficiently address
certain contributors by determining the relative participation of various sources in
creating noise or vibration. In a case study (Noh, 2017), a methodology for
evaluating and measuring the contributions of various noise and vibration sources
in the passenger car interior is presented. The study identifies and ranks the key
factors that contribute substantially to total NVH by combining subjective
assessments, objective measures, and statistical analysis. The authors' insights
into the individual contributions of different sources enable targeted changes for

efficient NVH reduction.

Studies on decoupled vehicle transmission system housing and components can
be classified by three distinct strategies, 2.2.1) Modeling of dynamic components:
gears, shafts, etc, 2.2.2) Modeling of stationary component: casing, and 2.2.3)
Reduced hybrid modeling: dynamic components integral with stationary casing.
Each strategy offers its own objectives and meets particular requirements which is

discussed as follows.

2.2.1 Modeling of dynamic components: gears, shafts, and bearings
This strategy requires creating precise models of the moving components of the

gearbox system, such as gears, shafts, and other relevant components. These
models simulate the dynamic behavior of these components, capturing their
mobility, forces, and interactions. Engineers can evaluate the effect of
these components on the overall vibration and noise response of the system. To
study the vibration problem of gear and shaft sets, computational methods are

adopted developing lumped parametric models (Amabili and Rivola, 1997; Jia and
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Howard, 2006; Nguyen and Dien, 2009). These models are of significant value to
understand and conduct case studies considering the influence of factors of
interest into equations. Figure 4 represents an example of lumped parametric
modeling for torsional vibration of a gear pair (wheel and pinion). The meshing
process of gears induces a variable mesh stiffness k(t), and an added viscous
damping c(t). The source of harmonic motion in real application of gear systems is

variable speed and STE. STE can be considered as an excitation function e(t).

Base circle of " ‘\
28

the Pinion
N

Base circl
of the wheel

Figure 4. Lumped-parameter model for gear vibration

Accuracy limitations due to approximations limits the viability of these approaches
for extensive tasks like powertrain NVH analyses. Specialized tools like Romax
Designer, employing finite element discretization, enhance precision by
consolidating components into super elements, reducing stiffness, and mass
matrices. In 2019, Ouyang et al. (Ouyang et al., 2019) used Romax Designer* to
obtain the stiffness of the bearing element required for their theoretical dynamic
model of gear-roller-bearing. In 2020, Cho et al. (Cho et al., 2020) used Romax
Designer for mico-geometry optimization of a drive reducer gear.

2.2.2 Modeling of stationary components: housing shell and associated
components
This strategy includes simulating the non-moving components of the transmission

system, particularly the casing that protects the dynamic components. Engineers
may analyse the casing's vibration and acoustic characteristics using this method,

then optimize the design to reduce noise transmission and structural resonance.

1 A powerful tool dedicated for design of mechanical transmissions
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Thus, understanding the vibration response of the casing enables engineers

to improve the overall performance and comfort of the vehicle.

The casing of transmission systems plays a pivotal role in structure-born noise
propagation. Several scholars have been analyzed the casing of gearboxes to
understand its vibration behavior and noise transmissibility (Kumar et al., 2015;
Ognjanovi¢ and Kosti¢, 2012). Many scholars studied the structural response of
housing itself without dynamic components using finite element method. In an
investigation on heavy vehicle transmission casing by Kumar (2015) et al., FE
simulation is conducted on the housing itself. Modal analysis revealed three main
modes of torsional vibration, axial bending vibration, and axial bending with
torsional vibration two of which are reported by Figure 5. Moreover, they
investigated the effect of transmission casing material on mode shapes and natural

frequency.

Mode 2 f,=1463.7 Hz Mode 7 f,=2495.7 Hz
Figure 5. Two different mode shapes of structural steel transmission casing

Another motivation in decoupling a housing component, is to predict the remaining
lifespan and health condition of the component. For instance, in one study
(Khawaja and Vachtsevanos, 2009) a UH-60 Blackhawk helicopter gearbox plate

is disconnected for health monitoring.

The finite element model of the plate (Figure 6) is used to evaluate its vibration
response and infer several features which could reflect the growth pattern of a

simulated fault.
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Figure 6. (a) ANSYS model of the‘ gearbox plate (b) Mechanical layout
The finite element simulation of this plate showed that the Side-Band Ratio (SBR)
correlates remarkably well with the actual fault. It is observed that this feature
varies as the crack grows with time till the gear-plate breaks into half; a stage

considered catastrophic.

2.2.3 Reduced Hybrid Modeling
This method is beneficial when prioritizing specific component improvement,

making detailed assembly modeling unnecessary. Adopting reduced hybrid
modeling shifts focus from miscellaneous components, streamlining research
efforts and facilitating targeted enhancements. In this regard, a recent practice (Xie
et al.,, 2016) to avoid the intricate modeling of untargeted components is
introducing condensation models. This modeling technique efficiently condenses
certain parts or degrees of freedom in a larger system. Utilizing a low-order model
approximates the original high-order model, simplifying the system for improved
computational efficiency. Condensation models reflect the impact of condensed
components on overall dynamics. Analysis of transmission systems through
modeling dynamic parts integrated with a condensate casing could be of prime
value in terms of computation cost. Duan et al. (Duan et al., 2021) used lumped
parametric model for the dynamic components coupled with a condensation model
of housing obtained from FEM presented by Figure 7.

15



Chapter 2: Literature Review

Driven gear

. :{@E S

<
kIlousing Housing

TTTTTTSY

Driving Shaft {:B:ﬂ:
Bearing < fi
(Housing | )

Driving | Housing
MR IR NY 2 W

gear
Figure 7. Employing condensation model in gearbox dynamic simulation
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Basically, gearbox transmission error (TE) analysis focuses on modeling meshing
gears, often neglecting component flexibility. The innovative rigid-flexible dynamic
approach considers the meshing pair, flexible shaft, bearing, and housing—
introducing housing flexibility through model condensation. Validation through

modal and TE test rigs enhances credibility.

In one study (Duan et al., 2021), the TEs of gear transmission systems with and
without a housing are compared, as presented by Figure 8. The figure shows the
TE that takes into account the flexibility of the housing is smaller than the TE which
ignores the flexibility of the housing. When the speed is higher, this phenomenon
is more pronounced. In fact, the meshing force and bearing force decrease when

the housing vibration is taken into account in the whole dynamic system.
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Figure 8. TE with and without housing at different speeds (Duan et al., 2021).
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A special kind of condensation model is super element. A complicated component
or substructure is replaced with a reduced-order model using this modelling
approach, usually one with a few degrees of freedom. The dynamic behavior of
the original component or substructure is encapsulated in the reduced-order

model, known as the super element.

To study dynamic characteristics of gear transmission system, Kong et al. (2021)
modeled the gearbox housing as a rigid body and neglected its elasticity in the
gear dynamic analysis. Finite element methods establish gear-rotor-bearing and
gear-rotor-bearing-housing models. Timoshenko beam elements represent shafts,
and two housing models—rigid and flexible/lighter—are adopted. Housing
dynamics are simplified as super elements through the dynamic substructure
method. Initial step involves creating the finite element model of the housing. Then,
the nodes are divided into boundary nodes and inner nodes. The boundary nodes

are used to connect the shaft nodes as shown in Figure 9.

Shaft node . y
. / : coupling

} Boundary nodes

Figure 9. Schematic diagram of boundary nodes of housing connected to shaft nodes

2.3Vibration control in vehicle applications

The substantial contributor to powertrain noise is the gear transmission system,
responsible for transporting structure-borne noise from the gear mesh to the shaft
and bearings (Koronias et al., 2011; Wang et al., 2016; Wu and Wu, 2016). This
noise subsequently propagates all over the transmission housing and finally into

the surrounding air.

Vehicle transmission noise can be mitigated directly or indirectly. Direct methods

manipulate noise, while indirect ones dampen structural vibrations. Active noise
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control, a direct technique, requires continuous energy for anti-noise generation
(Jiang et al., 2021; Munir and Abdulla, 2020). While the indirect approaches can
follow an active, semi-active, or passive modes of control. Inter alia, passive
control is the most prevalent practice in automotive industry due to its simplicity
and robustness. For instance, passive soundproofing treatment resulted a
remarkable reduction in vehicle transmission noise (Han et al., 2022; Viscardi et
al., 2018). The downside of passive techniques is their limited effective frequency
spectra (Ma et al., 2021; Zhang et al., 2023). On the other hand, active solutions,
even with self-powered strategies (Fredriksson et al., 2002; Li et al., 2023; Shi et
al., 2023) such as using engine torque for control, still contend with input power
control and reliability issues (Casciati et al., 2012; Stabile et al., 2017; Zuo and
Tang, 2013). Instead, semi-active solutions can maintain the reliability of passive
solutions while offering great adaptability by taking the advantage of their
adjustable parameters (Choi et al., 2004; Symans and Constantinou, 1999). Semi-
active techniques offer efficient wide-band vibro-acoustic control in vehicle
transmission systems without demanding high input power, making them a

practical alternative to active control methods.

2.4 Semi-active vibro-acoustic control techniques

2.4.1 Introduction to semi-active approaches
There exist three main approach for vibration control in dynamic systems: passive,
active and semi-active techniques as depicted by Figure 10. Sometimes, a hybrid

approach, combining these systems, is recommended.

=y B

")

m
k % Li_|c
Target System Target System ((‘ ’)) Target System
(a) (b) (©)
Figure 10. A schematic demonstration of vibration control: (a) passive system, (b) active
system, and (c) semi-active system.
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The passive vibration control system can incorporate absorber, damper, and mass
elements, as shown by Figure 10(a). Passive vibration control system is broadly
used in industrial applications thanks to its simple design, low cost and ease of
manufacturing. It can be designed for a system’s durability. If an ideal stiffness is
required, it can be as simple as changing the type of material being used or
changing the size of the elements. However, passive mounts can rarely attenuate
all of the input vibrations in a system. Active vibration controller attenuates
vibration by sending an input voltage, or charge, to an actuator with respect to a
feedback response as demonstrated by Figure 10(b). The drawback of this kind of
system is its high cost and large power source required. Another disadvantage is
that the total system may become unstable if the control system is improperly
designed. In contrast, in passive vibration suppression, the total system is always
stable. Semi-active vibration isolation systems work based on a modification in
stiffness, damping or mass according to a response sensor feedback (Figure 10(c))
(Onoda et al., 2003; Syam and Muthalif, 2021). This modification can be realized
by an initiation force (fi). In semi-active vibration isolation systems, external energy

demands are lower than the active isolation systems

2.4.2 Adaptive technologies for semi-active control
The concept of semi-active noise and vibration control can be made possible

through the design of adjustable mechanisms or the application of adaptive
materials, offering effective suppression methods with versatility and adaptability.
Adjustable mechanisms include intelligent structures, or flow channels or ducts

which can affect the vibration or noise level by modulating a control variable.

Smart mechanisms can operate using a mechanical switch to make the adjustment
of structural elements. In other words, with the help of a mechanical switch,
vibration attenuation capacity and direction can be moved from one state to
another one. A simple illustration of the concept is given by Figure 11 (Nitzsche,
2012) where the different expansion levels of piezo-stack can adjust the friction

and absorption levels.

19



Chapter 2: Literature Review

Piczoelectric i
stack \ ! I

e | 1

{ 1 \ N\ \

N i \ /\ /\ /\

N i \/ \/ \/ \ /R
N \/ \/ \/ /

N

5 N o
N

Sliding sleeves
attached to springs

Figure 11. A switch based semi-active control concept.

An industrial application of mechanical switch is semi-active node shown by Figure
12 (Poplawski et al., 2021) which function is based on an on/off switch by means
of a hinge to transfer moment in different directions. The main responsibility of the
semi-active node is to stimulate the transfer of strain energy into high frequency

vibrations. The technology can be found helpful in truss-like structures.

ro— needle roller bearing
oearing unloaded while
piezoelectric mushroom ( rotor locked)
actuator (while holder

not elongated, the
rotor is locked)

surface of rotor -
frictional locking rotor

zigzag
spring

needle roller
bearing (perma-

Belleville spring nently loaded)

Figure 12. Semi-active node device configuration.

bearing
mushroom
holder

Another practical case for mechanical switch is shown by Figure 13 (Nitzsche,
2012), where the actuator is developed to move from a soft link to a solid one
offering two states of stiffness.
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'

Figure 13. Semi-active actuator (left) with spring components of 163 kN/m and 256 kN/m
(right).

The switch based semi-active mechanisms including two states of modulation are
limited to particular applications. Therefore, the semi-active concept has been
developed to enhance the modulation range by using adaptive materials. In this
context, adaptive materials utilized for semi-active control such as piezoelectric
shunt systems, magnetorheological (MR) dampers, and Helmholtz resonators will

be discused in the following.

Semi-active control extends to airborne noise isolation. For instance, Helmholtz
resonators alter noise by adjusting their acoustic impedance, controlled through
termination impedance adjustments as shown by Figure 14. HRs are often used in
duct system to control low frequency noise. It has a small neck and cavity,
delivering high transmission loss at its resonance frequency. However, HRs are

designed based on the source's exciting frequency due to their limited effective

F Control Source
. H(w)

range.

.....

Figure 14. Semi-active airborne noise control using HR resonator.

The case studies presented earlier clarified the contribution of adjustable
structures and configurations within the scope of semi-active noise and vibration

control. It is now opportune to undertake a comprehensive survey concerning the
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semi-active control based on adaptive materials. The implementation of adaptive
materials is classified in eight groups from a to h.

a. Shunted piezoelectrics
Piezoelectric patches are well-known for their capability to convert mechanical

vibrations to electric power. According to force-voltage mechanical-electrical
analogy, the coefficients in differential equation of charge are equivalent to the

coefficients in the differential equation of motion as follows

LQ’+RQ+%=VP (1)
Mi+Cq+Kq=P (2)
M=LC=RK-=B"1 3)

where L, R, and B correspond to inductance, resistance, and capacitance,
respectively. Moreover, M, C, and K denote mass, damping and stiffness,
respectively. So that a vibration control system can be a circuit of electrical
elements (resistor, inductor, and capacitor) instead of mechanical elements
(damper, mass, and spring) offering several advantages such as less space
occupation, faster function, etc. The link between the host structure and the electric

circuit can be made by a piezoelectric transducer responsible for energy

conversion.

Piezoelectric shunt circuits, widely used in vibration control, incorporate on/off or
multi-stage switches for semi-active systems. Figure 15 illustrates transitions to

specific electric properties, enabling tuning for proper vibration control.

Piezoelectric patch

]
,,,,,,

Ext. forcing SSDI

Figure 15. Vibration isolation using piezoelectric shunt circuit.

Recent research (Chatziathanasiou et al., 2021) utilizes a resistive-inductive shunt

circuit for highly tunable semi-active vibration control. A tunable potentiometer
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controls resistive impedance, while two sets of coils with predefined inductance
(32 mH and 50 mH) introduce inductance, albeit with a small amount of resistance.
The assembly of shunt circuit on the target system is shown by Figure 16(a). The
tuning of inductance in frequency domain is done through observation of response
surface indicated by Figure 16(b). The experiment setup is illustrated by Figure 16(c).

Structure

10

Acceleration [dB]
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300 40
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100 100

Frequency [Hz]

Shunt Circuit
~ Auxiliary mass

N

Piezoelectric
device

(€)
Figure 16. An implementation of Semi-active shunt: (a) lumped parametric model, (b)
tuning inductance via response surface, (c) experimental lab.

In another study (Gardonio et al.,, 2021), the shunt circuit is employed for
maximization of absorbed energy by studying all possible compositions of
resistance and inductance. The ultimate goal is to find an optimal path as illustrated

by Figure 17.
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Figure 17. Tuning of shunt circuit resistance and inductance: (a) kinetic energy, (b)
power absorbed.

b. Hydraulic damper with variable coefficient of damping
Figure 18 represents a rotational hydraulic damper featuring a rotating rotor, vanes,

cam ring, valve core, working chambers, springs, seal rings, and a motor (Zhao et
al., 2021). As the rotor rotates, sliding and spring forces cause vanes to contact
the cam ring's inner surface, pushing fluid through a tunnel, generating a pressure
difference. This difference acts on vanes, producing resistance torque.
Simultaneously, sliding vane motion and rotor rotation create frictional resistance
moments. The damper coefficient is the total resistance torque quotient by rotor
shaft velocity. The damping coefficient is the sum of frictional and fluid resistance
coefficients, deduced through dynamic and fluid analyses. Semi-active control is

achieved with a motorized cylindrical ball valve regulating fluid tunnel area.

low pressure area

e g

sliding vane i+1
1-Shell 2-Rotor shaft 3-Oring seat 4-Spring 5-Sliding vane
6-Bolt 7-Gap 8-Valve core 9-Motor 10-Bolt

(@) (b)
Figure 18. Tuning of shunt circuit resistance and inductance: (a) structure of the
rotational hydraulic damper., (b) sketch map of the fluid pressure.

high pressure area
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c. Magnetorheological (MR) fluid damper
In a recent research (Bai et al., 2015) on MR damper, two concentric tubes, and

a movable piston/shaft arrangement that slides within the inner tube are used (see
Figure 19). Concentric tubes create the annular gap for MR fluid flow. The inner
tube houses coils, while the outer tube acts as the hydraulic cylinder and flux
return. By controlling current in the coils, the damper's controllable range expands,
decoupling coil size from stroke requirements and reducing Reynolds number in

the gap.

Fluid low gap

Piston (inner bypass) Coil winding, Outer tube
Accumulator, \Active rin Magnetlc Bobbin
g x ling | {Inner tube)

=== ==l
[} =
‘ |*+~}HIHIHIH1HIH1HIHH
L2L L L L L LLLLL2
Figure 19. Configuration of an MR damper with an inner bypass.

d

d. Magnetorheological elastomer
Magnetorheological elastomer are widely used in semi-active vibration isolators.

An isolator composed of a MR elastomer, a moving top magnetizer, a bottom
magnetizer and a cylinder is designed by Wei et al. (2009) shown by Figure 20. An
MR elastomer is situated between top and bottom magnetizers, with a coiled
copper strip forming an energizing coil. Adjusting the coil current alters the
magnetic flux, allowing variable stiffness and damping in response, altering

vibration characteristics of the isolator.

Figure 20. Configuration of the MR elastomers isolator.
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e. Electromagnetic vibration absorber with variable stiffness
Liu and Liu (2006) presented a newly designed electromagnetic vibration absorber

(EMVA) with variable stiffness. This device is a hon-contact, with non-mechanical
motion, and the stiffness can be changed instantly. Also, different from

conventional electromagnetic apparatus, the system is tunable online.

The electromagnet is constructed by winding Gauge 18 copper wire around a C-
shaped steel core as shown by Figure 21. A dual-role permanent magnet in an
Electromagnetic Variable Absorber (EMVA) serves as an absorber mass and
creates a variable magnetic spring by adjusting electromagnetic coil direct current.

Characterizing stiffness variation is crucial for EMVA design.
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Figure 21. Electromagnetic vibration absorber with variable stiffness.

f. Tangled metal wire particles
Tangled metal wire (TMW) particles are considered as stiffness and damping

elements for adjustable and semi-active vibration attenuators (Tang and Rongong,
2019). TMW particles (see Figure 22 (a)) are attractive as they can provide
consistent performance in extreme temperature environments. The study reveals
that repeatability is challenging for individual particles, but a particle collection's
stiffness and damping can be largely stabilized after vibration exposure. The tuned
mass damper (TMD) features a cylindrical container constraining a disc-shaped
mass with TMW particles (see Figure 22 (b)). Device adjustment through cavity size

and TMW particle compression impacted resonant behavior. Vibration tests highlighted
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adaptability to host structure modes. Despite the particle medium's variability, the
damper's multiple internal resonances make it detuning-insensitive, allowing broad tuning
range for optimal performance in critical applications amid prolonged use.
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Figure 22. (a) TMW samples, (b) TMW based vibration absorber.

g. Particle based semi-active dampening
Shah et al. (2011) proposed a semi-active thrust damping system, using a piston

in a magnetic particle bed. Tunable damping relies on particle interactions
controlled by an external magnetic field. The particle medium combines solid- and
liquid-like qualities, providing wide temperature range, leak-free operation, vacuum
compatibility, and system fatigue prevention. This medium is stable, cost-effective,

commercially available, and user-friendly.

The designed damping system (see Figure 23) contains three essential
components: (1) an oscillating thrust piston to transfer energy from a vibrating
mass to the damping medium, (2) magnetic particles to dissipate energy and serve
as tunable damping medium, and (3) an electromagnet to generate a magnetic
field of desired strength. The thrust piston is a cylindrical metal rod with flat ends.
It is made from either steel (12L14 carbon steel) to produce a magnetic piston or
aluminum to produce a non-magnetic one. The properties of the magnetic particles

and the electromagnet are presented in detail hereafter.
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Figure 23. Particle based semi-active dampening: (a) schematic model,
(b) experiment setup.

Select damping medium based on magnetic, thermal, and mechanical properties.
AISI 52100 chrome steel particles were chosen for large susceptibility, high-
temperature resistance, and strength. Figure 24 (a) and (b) depict the steel particles

and their respective responses to a magnetic field.

x10°
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Magnetic field H [A/m]
(b)
Figure 24. (a) Image of 1.2 mm chrome steel particles and (b) their magnetic response
to an applied field.

h. Semi-active electromagnetic torsional tuned vibration absorber
Abu Seer et al. (2019) developed a semi-active adaptive electromagnetic torsional

tuned vibration absorber (ATTVA) as shown by Figure 25, which can be tuned to
the excitation frequency by means of shunting the capacitance in the
electromagnetic RLC circuit. This design will be useful in suppressing vibrations in

rotary systems with variable natural frequency or excitation frequency.
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Electrical capacitive shunt circuit adjusts ATTVA's apparent mass. Mechanically
variable and digitally tunable capacitors are in picofarad range with limited tuning
range. "Capacitor ladder" circuit with discrete capacitors, remotely controlled by
low-resistance electromechanical relays, offers optimal control, avoiding

undesirable circuit resistance from switches and relays.

Studs

Rotating shaft

Figure 25 .The adaptive torsional tuned vibration absorber mounted on the rotating shaft.

2.4.3 Semi-active control in vehicle systems
As an example of smart mechanisms, Venhovens et al. (Venhovens et al., 1993)

employed an adjustable crank to modify a mechanical lever's length, generating

semi-active force to minimize vehicle roll and pitch shown by Figure 26.
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(b)

Figure 26. The cone mechanism mounted on a left front suspension: (a) schematic
model, (b) implementation on a real vehicle.

With the help of a cone mechanism, a ball joint connects one end of the spring to
the vehicle body, while the other end connects to an adjustable crank integrated
into the transmission system. This crank's position, denoted by angle 6, is finely
modulated through a linear actuator. This setup ensures that the ball joint aligns
precisely with the rotation axis of the crank. Consequently, as the crank rotates,
the spring's centerline traces the surface of an imaginary cone. This movement is
remarkably efficient in terms of power consumption due to the perpendicular
orientation of the crank's free end displacement relative to the direction of force Fy
within the spring. By adjusting angle 8, the mechanical lever's length can be
controlled, leading to a corresponding variation in the compensating force (Fv). The
variable length of the mechanical lever, and consequently the variable
compensating force can be obtained by varying angle 6. Force Fp in the push/pull
rod (which connects the wishbone with the transmission mechanism) is expressed
by Equation 4.
Lgsin @
D= A fon

Another case concerns a semi-active muffler (see Figure 27) that operates by

(4)

adjusting bypass tube count, thereby influencing sound wave interactions and
phase control. This yields constructive or destructive interference by reducing
noise through interference patterns. When compared to passive mufflers, the semi-
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active muffler technology provides substantial noise reduction performance. It
excels, in particular, in the frequency band below 150 Hz, demonstrating
outstanding noise reduction. In the frequency band below 350 Hz, the semi-active
muffler surpasses passive mufflers in terms of average transmission loss.
However, its noise elimination performance decreases significantly beyond 350
Hz.

Figure 27. The test stand for semi-active muffler device.

In a research focused on suspension system for lightweight cars, air spring and
semi-active magneto-rheological fluid damper are used. By regulating the system's
dynamics, a self-tuning controller successfully suppressed vibrations. Using air
springs and variable stiffness dampers together, features like stability, comfort, and
handling were improved. When compared to traditional controllers, the suggested
self-tuning controller with an adaptive scale factor provided greater control in
vehicle motion and acceleration. The study emphasized the benefits of semi-active
suspension systems to increase ride quality and energy management through
sophisticated components and intelligent control (Shiao et al., 2010). Generally,
using air springs for semi-active control is advantageous offering a continuous
range of stiffness by adjusting the volume of air (Fischer and Isermann, 2004; Guo
and Zhou, 2020; Shiao et al., 2023). However, air spring systems are susceptible
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to air leakage (Hu, 2017), and require several utility systems such as the air
reservoir, pipeline, and control valve which makes the control system complicated
(Chen et al., 2021; Mendia-Garcia et al., 2023).

Using piezoelectric-based energy harvesters resulted promising effects for semi-
active vibration control in a passenger car. Through experimentation, a commercial
harvester was optimized using Variational Feedback Control (VFC) for adaptive
impedance. Urban car vibrations caused by rough roads, engine, and bumps were
harnessed by piezo harvesters. The experimentation resulted in a 2.8mW power
output from a single piezo-beam, showcasing a maximum power density of
140mW/kg. Figure 28 shows the possible the test setup including the vehicle,
feedback accelerometers and the piezoelectric beam. The authors recommended
to have a balance among weight, power yield, and control intricacy for an optimal

design.

Figure 28. Test setup for semi-active control of vehicle vibration using piezoelectric
beam.

However, the study is limited to vehicle speeds up to 40 km/h which restricts the
vibration frequency range. In fact, realizing an effective wide-band performance
requires the employment of a periodic array of transducers (Casadei et al., 2010;
Gripp and Rade, 2018; Lossouarn et al., 2016) which reduces the system’s degree

of reliability. Additionally, the irregular surfaces found in optimized industrial
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components hinders the appropriate attachment of all transducers within a well-

ordered array.

Incorporating magnetorheological semi-active absorbers to enhance vehicle NVH
performance is a feasible solution (Guo et al., 2004; Stelzer et al., 2003; Xin et al.,
2017; Zhang et al., 2006). Developing a magnetorheological elastomer-based
semi-active absorber resulted in a remarkable decrease in powertrain vibration by
tuning the absorber's natural frequency (Xin et al., 2017). Additionally, utilization
of magnetorheological fluid in a semi-active suspension system for vehicles led to
a considerable reduction of up to 50% in both vertical and rocking acceleration
(Zzhang et al., 2006). Despite the mentioned advantages, magnetorheological
isolators have shortcoming in stroke and resonance shifting capabilities(Daniel
Christie et al., 2021; Komatsuzaki et al., 2016), restricting their usage to narrow-

band and low-energy vibrations, which do not meet vehicle noise requirements.

A recent approach is to utilize metal rubber (MR) whose adaptive properties and
semi-active vibration control performance for mechanical transmission systems
were demonstrated recently (Riel3 and Kaal, 2021; Soleimanian et al., 2023). MR
material is a metal wire mesh with a stiffness level as low as rubber, which can be
controlled by altering the material porosity through compression. Moreover, a wide
range of damping is also achievable since changing porosity affects the degree of
frictional contacts among individual metal wires (Xiao et al., 2018; Xue et al., 2020;
Zhang et al., 2015). Due to this specific damping mechanism, the damping feature
is almost insensitive to excitation frequency (Hong et al., 2013). Because of their
strong relative resilience to degradation in extreme environments and their wide
operating temperature range metal rubbers are preferred over their elastomeric
counterparts (Jin et al., 2019; Riel3 and Kaal, 2021).

2.4.4 Metal Rubber
Metal rubber materials, also referred to as "metal cushion" or "wire mesh," have

recently emerged as potential components for shock and vibration cancellation
(Jiang and He, 2014). Metal rubber is a type of tangled metallic mesh
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manufactured via a process of wire-drawing, weaving and compression molding
(Zhang et al., 2013).

Although some author prefer the words "entangled metallic wire material
“‘entangled metallic wire material” (Tan and He, 2012) or “metallic mesh” (Wang et
al.,, 2010), the term metal rubber stems from the similarities between the
characteristics of MR and those of an elastomeric rubber. The unique properties
of high elasticity, damping, reliability, and adaptability to the operational

environment make it a strong competitor to synthetic elastomer.

Metal cushions are available in a variety of forms and sizes that are fitted to certain
requirements. These components, regardless of their shape, serve as spring
masses capable of withstanding a broad range of loads without affecting their
mechanical characteristics. They function as effective dampers, dissipating energy
from vibrations and shocks and releasing it as heat through internal sliding friction
between the knitted mesh wires (Hong et al., 2013). This friction is produced by
the different types of interaction among metal wires. The typical contact status and
corresponding fraction of contact wires in MR solids is demonstrated by Figure 29.
There are three groups of wires in the MR solid that can interact with one another
during compression: (a) non-contact, (b) slipping (involving relative motion in the
transverse direction), and (c) sticking (both microsprings move in an identical

manner).

Figure 29. Different interaction modes during compression of MR solid:
(a) non-contact, (b) slipping and (c) stick.
When the MR solid is compressed, or the relative density increases, some slipping
wires change their interaction mode (Hong et al., 2013; Zhang et al., 2013). Based
on the theoretical model, the stiffness of the wire assembly increases when the

contact status changes, while the energy dissipated decreases. Figure 30 shows
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the typical contact status and percentage of contact wires in MR solids. When the
MR solid is compressed or the relative density increases, slipping wires move to a
different interaction state, reducing the overall number of slipping micro-elements
and energy dissipation. The percentage of wires in stick contact status increases,
leading to a higher tangent modulus at higher densities.
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Figure 30. Variation of contact percentage with compression strain.

Hong et al. (2013) proposed a mass micro-spring model (Figure 31), to estimate
the load-deflection behavior of MR material. By evaluating the loading for each
micro spring represented in Figure 31, the load-deflection behavior for each mode
can be calculated from the effective stiffness in each direction.
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Figure 31. mass micro-spring model for each mode of wires interaction: (a) non-contact,
(b) with contact (slipping, or sticking).

For the non-contact mode, one micro-spring carries the full load. When it is

positioned such that its axis is aligned at an angle a to force F, the deflection is
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AL F cos? a N sin® a (5)
B ks kg

where F corresponds to the applied load, ka and kr represent the axial and radial
coefficients of stiffness, respectively. When the springs are in contact, the load is

shared equally between each micro-spring. For the sticking condition, this gives

AL = F (cos?a N sin® a (6)
2\ ky kg

For the slipping mode, the force—deflection relationship is different for loading and
unloading. For loading in the direction shown in Figure 31, the relationship can be

given by

Fcosa—F Fsina — F,
ALz—Ncosa+—Fsina ()
ka kg

where Fr, and Fn denote the frictional and normal components of loading.

The concept of using metal cushions to address engineering challenges was first
patented by Metal Textile Corp, in 1958, focusing on load resistance, vibration
mitigation, and shock absorption (Pérez et al., 2020). Subsequent patents (Ulanov
and Bezborodov, 2016; Xiao et al., 2018) explored applications of metal cushions
in hose or pipe clamps, as well as the development of calculation procedures
utilizing the Finite Element method (FEM) to analyze damping supports made of

metal cushions for pipelines.

A metal rubber embedded coating is designed and evaluated for vibration
dampening of pipeline in high temperatures. As shown by Figure 32, through a
cladding ring, the metal rubber is applied to the exterior of the pipe as the damping
layer. Hence, the structure which consists of a damping layer and a hanger, serves

as a shock absorber for the pipeline system.
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Figure 32. Scheme of the metal rubber coating.

In this regard, a theoretical approach (Xiao et al., 2018) based on the bilinear
hysteresis model is adopted to study the damping effect of the cladding layer. The
accuracy of analytical model is verified through experiments. Some parametric
studies are conducted including the impact of various factors, such as cladding
layer density, number of coating layers, and excitation magnitude, on the vibration
absorption characteristics. Consequently, the results demonstrated that the
damping performance of metal rubber decreases with higher forming density but
increases with more cladding layers and greater excitation magnitude. The
research provides a solid theoretical and experimental foundation for addressing
vibration reduction in pipeline systems and offers valuable insights for future
studies in the field of vibration damping for high-temperature pipelines. The
findings have practical implications for engineering applications and can guide

further research efforts in this area.

Cao et al. (Cao et al., 2023) reported an improvement of the damping performance
of MR engine mounts by developing a mathematical model to predict the
relationship between the mounting stress, strain, and strain rate of the metal
rubber. In Figure 33, stress and strain in the metal rubber mount concentrate near
the component and the bolt area. To analyze further, dynamic loading tests were

conducted vertically.
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Figure 33. Stress and strain distributions in the horizontal direction of the MR mounts.

Figure 34 shows stress and strain isograms during engine vibration, indicating
symmetrical changes between upper and lower metal rubber parts. Vertical strain
is less than horizontal due to greater height, resulting in predominant vertical
stress. However, dynamic loading in the vertical direction exhibits stress changes
similar to the horizontal, yet stress in the vertical direction doesn't uniformly transfer

across the entire metal rubber mount.
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Figure 34. Stress and strain distributions in the vertical direction of the MR mount.

The last important finding was that the stress-strain behavior of metal rubber

mounts is frequency independent, as shown in Figure 35, whereas higher
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excitation frequencies result in larger areas enclosed by the spatial hysteresis
curve, indicating frequency-dependent variations in both the curve and the spatial
hysteresis surface.
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Figure 35. Metal rubber mounts stress—strain hysteresis curve.

Despite the high energy dissipation rate of MR material, thermoplastic elastomers
have been found as serious competitors for them. One study (Yang et al., 2021)
enhanced underwater vehicle power plant vibration isolation by designing three
new types of isolator using ring metal rubber, magnesium alloy, and modified ultra-
high polyethylene (MUHP).

The power plant vibration isolator system, depicted in Figure 36, includes a load,
vibration isolators, and an aluminum thin-walled cylindrical shell housing. The load
is an aluminum solid cylinder matching the housing's length. Initial isolators are
divided into front and rear compositions, each comprising 6 evenly arranged metal
rubber vibration isolation elements (see Figure 36).

) initial vibration isolator
housing isolators 4

power plant

=
!

: : ]
Figure 36. Schematic diagram of the dynamic vibration isolation device.

Figure 37 illustrates the insertion losses for three vibration isolator types. The ring
metal rubber isolators exhibit 3—5 dB effectiveness at 1-1.5 kHz but decrease with
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increasing frequency. Magnesium alloy isolators show low insertion loss, with
negativity around 1 kHz and vibration amplification in the 1.5-2 kHz range. In
contrast, MUHP demonstrates significant and stable vibration isolation (3—-5 dB)
within the interest frequency band, improving with frequency. Compared to initial
isolators, MUHP excels in insertion loss, while metal rubber isolators match, and

magnesium alloy isolators display insignificant isolation with vibration
amplification.
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Figure 37. Insertion losses of the three new isolators.

According to the above comparison, MUHP outperforms the initial design
significantly in insertion loss. Metal rubber isolators match initial effectiveness,
whereas magnesium alloy isolators show insignificance and vibration
amplification.

Ma et al. (2023) proposed an improved sampling method based on the surrogate
model method and then optimized the structure of metal rubber isolators to the
applicable standards of metal rubber isolators. The optimization configuration,
validated against finite element simulation, exhibited high accuracy. An improved

Latin hypercube sampling method, ensuring flexibility in generating samples,
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outperformed LHS and GA-LHS methods in uniformity and efficiency. The
combination surrogate model optimization strategy enhanced accuracy and
stability, surpassing single surrogate models and existing strategies. The single-
objective model reduced response acceleration by 21.62%, 16.31%, and 17.75%,
and mass by 0.87%, 4.45%, and 3.19%. The multi-objective model introduced
weight coefficients, achieving a Pareto optimal set for response acceleration and

mass.

Ma et al. (2013) explored the mechanical behavior of a damper design utilizing
metal rubber particles (MRP) within an auxetic (negative Poisson’s ratio) cellular
structure. The auxetic structure is shown by Error! Reference source not found. (a). T
he auxetic damper is constructed using an anti-tetrachiral honeycomb

configuration, with the cylinders filled with MRP material.

_i_: mel ey

Figure 38. Anti-tetrachiral honeycomb structure with embedded MRP.

Quasi-static loading was applied to MRP samples to assess stiffness and loss
factor by analyzing the static hysteresis curve. An experimental investigation was
conducted to examine the influence of relative density and filling percentage on
the static performance of MRP, aiming to establish the basis of design for optimal
utilization of MRP devices. Additionally, the study presented an experimental
evaluation of the integrated auxetic-MRP damper concept, employing static and

dynamic force response techniques.

Figure 39 showed the frequency response under various single sine exciting forces.
Only one global natural frequency (around 40 Hz) can be observed within the 0—

1000 Hz frequency bandwidth. There are no apparent effects on the natural
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frequency given by increased force loading on the anti-tetrachiral panel without the

metal rubber particles.
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Figure 39. Amplitude—frequency curves.

Rie3 and Kaal (2021) proposed a frequency-adaptable tuned mass damper
(FATMD) utilizing MR material as adjustable stiffness elements. These cushions'
dynamic characteristics in terms of stiffness and damping were experimentally
investigated, demonstrating their nonlinear behavior resembling adjustable

springs.

Pre-compression of cushions notably influences the stiffness and damping
properties of the FATMD, allowing precise control of its resonant frequency. In
Figure 40, transfer function curves depict this effect at 0.03 g input amplitude, with
magnitude and phase curves on the left and right, respectively. Both measured
and model data are presented, illustrating an increase in pre-compression from top

to bottom.
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Figure 40. Magnitude (a) and phase (b) of frequency response at increasing pre-
compressions.

The FATMD's natural frequency was found to be influenced by the pre-
compression of the metal cushions, allowing an adjustable frequency range of 67
to 826 Hz. Increasing pre-compression heightened stiffness while reducing
damping, quantified using a viscous mass damper model. The FATMD's behavior
remained consistent across varying input amplitudes. Compared to elastomers,
metal cushions revealed advantages in terms of stability, geometry, and fixation.
The FATMD was approximately modeled by a simple spring-damper oscillator,
albeit discrepancies due to complex internal damping within metal cushions.

Further research is recommended to refine mathematical models for the cushion
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behavior. The versatile FATMD exhibited low dependency on amplitude, broad
frequency range, and high damping ratio, suggesting its practical potential.
Additional experiments with various excitation signals and cushion types are

suggested for deeper insights.

The present research technology is basically inspired by the work by (Riel3 and
Kaal (2021). The frequency adaptability, durability, and lightweight property of
metal rubber are the main reasons to choose this material for the current study
semi-active control. In section 3, the selection and design procedure for the MR-

based isolator is explained in detail.
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Chapter 3: Methodology

3.1 Chapter organization

In this chapter, the methodology to design and apply a semi-active vibration control
is explained in details. A novel semi-active vibration control technique is proposed
for mechanical transmission systems. The semi-active isolator has been designed
by implementing MR material whose adaptive stiffness and damping properties
play the key role in control. The adaptive properties of MR material are proved by
a previous study, but the present research investigates the effect of this feature on
the structural response and designs an MR-based semi-active vibration controller
for industrial application. For this purpose, the semi-active isolator is optimally
tuned using experimental harmonic test results. The tuning levels have become

reachable using a linear actuator which compresses the MR sample.

The experiments are carried out in phases A, B and C. Phases A, and B have been
carried out in Adaptronica sp. z o0.0. Poland. While, phase C is conducted in
UNINA, Italy. For this reason, different instruments and devices have been used
for measurement and control. It is noteworthy that the measured quantities and

design parameters, as a consequence, exhibit differences from one another.

Phase A is devised and performed to assess the effect of MR material adaptive
properties on the structural response using a simple structure with known dynamic
response. Phase B is devoted to evaluate the effectiveness of the semi-active
vibration isolator to attenuate vibrations in a mechanical transmission system. The
mechanical transmission system is a plate accommodating a bearing and a shaft
with the possibility to introduce several angles of excitation. In fact, exciting the
shaft with different angles mimics the variable force vector imposed on the shaft
due to the variable mesh stiffness during gears' operation in a transmission

system.

Phase C is dedicated to assess the efficiency of the semi-active control used for a
vehicle transmission system. For this purpose, a particular automotive
transmission component—precisely, a plate dedicated to accommodating
bearings—has been selected as the focus of research to control its noise and

vibrations. The vibrations and noise have been intended to be isolated in a plate
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housing the main gearbox shafts. So that propagation of vibration wave to the other

components can be somewhat prevented.

It is noteworthy to emphasize that within the framework of this doctoral program,
an investigation in an alternative technological domain is being pursued. It is
focused on the application of piezoelectric shunt circuits for the purpose of semi-
active noise control. An extended abstract pertaining to this study can be found in

Annex 1.

3.2 Formulating the semi-active vibration isolation system

Dynamic transmission systems are usually protected by thin-walled shell
structures. In such structures, the main eigenmodes of vibration are out-of-plane
ones. To isolate out-of-plane types of vibration, normal attachment of vibration
isolator to system surface is required as shown by Figure 41. So that, it can
contribute in out-of-plane stiffness and damping properties effectively. To
introduce the semi-active concept, the isolator is enhanced by MR material which
offers stiffness k and damping b properties variable with pre-compression rate C

given by Egs. (8) and (9).

s,
O/é‘for fixed edge

A \ \
\ \ A}
fixed edge
Figure 41. Schematic model for a vibration system integrated with semi-active isolator.
k= k(C) (8)
b =b(C) 9)

The dynamic force equilibrium equation of the structure integrated with the semi-

active vibration isolator is presented by Eqg. (10).

[M1{} + [B1{q} + [K]{a} = (P} (10)
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where [M] is the mass matrix, and [B] and [K] are variable damping and variable
stiffness matrices of the vibratory system assembled with their counterparts of the
MR based isolator, respectively. Moreover, {q} is displacement vector, and {P} is

the out-of-plane harmonic excitation.

3.3 Optimal design of isolator, and semi-active control function

In this thesis, design of the semi-active control scheme is carried out based on
optimization algorithms which use experimental data. It means parametric studies
are conducted to obtain the effect of pre-compression level on the response.
Therefore, the design criteria which could be the structural response amplitude, or
sum of squared amplitudes will be considered for minimization with the help of
optimization algorithms. Two optimization algorithms are introduced in this respect
as follows: (1) point by point optimization, and (2) band optimization.

By applying the point-by-point optimization, the design criteria can be minimized
frequency by frequency. Considering the design criteria function v, its values can
populate a matrix according values of frequency and material pre-compression
levels as expressed by Eq. (11). The optimization algorithm searches for the
optimal pre-compression level corresponding to the minimum design criteria (v,,,i)

,which is less than but not equal to its reference value (v,.r) expressed by Egs.
(12) and (13). The reference design criteria (v,.r) is obviously defined as the

design criteria response without any isolation treatment.

[U]fxc = [vficj] ’ L€ [1' (fmax - fmin)/fstep] 'j € [Cmin' Cmax] (11)
V3 Vin & Copt (12)

. Vfic; Vfic; < Vres (13)
Vimin = Vref vfl-cj = VUref

On the contrary, the band optimization consists in the minimization of the area
under the velocity-frequency response curve. Considering n frequency bands of Af

length, a piece-wise integration over the frequency yields the parameter, u;, given
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by Eq. (14). The total value of the area under the design criteria response curve in

the whole frequency range is expressed by Eqg. (15).

fitAf
fi
U=X w (15)

The optimization procedure is defined by Eq. (16): the optimal pre-compression
level corresponds to the minimum of the u values which must be less than a
reference value Urer. Urer iS @ reference value corresponding to the U function

without any isolation treatment.

uicj uicj < Uref (1 6)
Uiy =
min uref uicj = uref

In sum, the optimization procedure can be conducted following the flowchart given

by Figure 42.
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Figure 42. Optimal design procedure for the vibration isolator.

As a basic example to achieve an initial insight to point-by-point and band
optimization, consider two tuning levels relevant with a vibration isolator. The
frequency response corresponding to tuning levels 1 and 2 is provided by red and

green colored lines given by Figure 43. Applying the point-by-point technique, the
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algorithm searches for the minimum values of amplitude frequency-by-frequency.
Accordingly, the optimal response will be the line noted marked by - -. As can be
observed, the peaks appeared in tuning levels 1 and 2 can be eliminated by this
optimization algorithm. So that the optimal control path is {level 2, level 1, level 2,
level 1}. However, the band optimization compares the possible tuning levels in a
particular frequency band with respect to the integral of the design criteria.
Considering two frequency ranges of [0, fi1] and [f1, f2], and taking the under the
curve area as the design criteria, result of optimization aligns with tuning level 1
shown by ... . It means the band optimization algorithm chooses the tuning level 1
response as the optimal response. Although the resulted optimal response offers
lower vibrations, it is not the best. Hence, the best optimization performance can

be achieved by considering proper and smaller frequency ranges for optimization.

Tuning Level 1
i Tuning Level 2

= = Point-by-point Optimization
Band Optimization

h f2
Frequency

Figure 43. A basic example demonstrating the concept of point-by-point and band
optimization algorithms.

Amplitude

The optimal control function, consisting of n frequency intervals set to optimal pre-
compression rates C°P, can be determined by solving the optimization problem. So
that the semi-active frequency-based control function Csa can be represented by
Eq. (17).

Csa = Z(Ciop - Cicipl)H(f - fl) (17)
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where H denotes the Heaviside function (N. Felder and M. Felder, 2015). In
addition, f; is the starting frequency of the i" frequency interval. Each frequency
interval corresponds to an optimal control level obtained through the optimization
process. So that what determines the size of each interval is the response status

with respect to the tuning variable.

3.4 Experiment phases

Three main phases are defined to conduct experiments. The first phase aims to
investigate the potential of MR rubber adaptive behavior on structural response
control as explained in section 3.4.1. The second phase is designed to assess the
effectiveness of the optimal semi-active control for vibration isolation of a bearing
host plate explained in section 3.4.2. The third phase is dedicated to evaluate the
efficiency of the optimal semi-active control to damp vibration in a vehicle
transmission system. In this phase both open-loop and closed-loop strategies are

adopted.

3.4.1 Phase A: cantilevered plate
To have a proper understanding of the effect of adaptive properties of MR material

on structural vibration response, a cantilevered steel plate with dimensions and
material properties given by Table 1 is considered for a forced vibration test. So
that the MR material is compressed by different rates using a linear actuator
achieving different stiffness and damping levels. The effect of isolator on the
system vibration can be determined by investigating U parameter and the shift in
natural frequencies. Thus, the purpose of phase A is to gain confidence in the

feasibility of adaptive structural control through an MR based isolator.

Table 1. Dimensions and material properties of the cantilevered plate.

Dimensions (mm) Material Properties
Length  Width Thickness  Young’'s modulus Poisson’s ratio
(GPa)
450 300 3 210 0.3

3.4.2 Phase B: bearing host plate
The objective of this part is to design a semi-active control scheme. In this regard,

a fixed edge steel plate subjected to bearing-induced vibrations is considered. The
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flowchart of design procedure is given by Figure 44. The first step, parametric
studies, refers to a set of experiments required to record the structure response
for a range of pre-compression rates. The excitation is applied with an angle of 45°
to guarantee equal loading components. The second step is to find the optimal
pre-compression levels based on the optimization criteria. The third step is finding
the optimal control function and building an automatic open-loop semi-active
scheme upon that. The last step is the employment of the control scheme in
vibration tests forced by an excitation in frequency range of interest to assess its
effectiveness. Since the control scheme is built upon the optimization of results per
45° angle of excitation, it is conservative enough to be applied for different ratios

of loading components.

1. Experime_ntal 2. Optimization 3. Building the 4. Téestinglthe
arametric of Results Control Scheme ontro
Studies scheme

Figure 44. Flowchart showing the necessary steps for designing the semi-active control.
The plate dimensions for this phase of experiment is provided by Table 2.

Table 2. Dimensions of the bearing host plate.
Dimensions (mm)
Length Width Thickness
420 270 3

To evaluate the influence of loading components on the effectiveness of the
present control scheme, several vibration isolation tests are conducted. In this
respect, the exciting shaker can be properly positioned to excite the shaft by angles
of 0°, 30°, 45° 60°, and 90° degrees as illustrated by Figure 45. So that the
magnitude of imposing load can be described as follows.

F=FTC059 +Esin9 (18)
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shaft

stringer attached
to the shaker

s S Sk T N
Figure 45. Diffe

rent 6 angl devse for itroductio of Iodlng components
contribution.

3.4.3 Phase C: vehicle transmission system
The imperfect transfer of motion in gears is mainly attributed to geometrical

deficiencies, manufacturing tolerances, deviations in the gear manufacturing
process, and elastic deflections that occur under operating conditions. All of them
lead to variations in the gear mesh excitation force, i.e. transmission error. The
gear mesh excitation transmits to the housing through the shaft and bearing,
causing structural vibration and radiated noise (see Figure 46), which is known as
gear whining noise. This noise subsequently propagates all over the transmission
housing and finally into the surrounding air (Koronias et al., 2011; Son et al., 2020;
Wang et al., 2016; Wu and Wu, 2016). As indicated by Figure 46, bearings play a
critical role in transmitting vibrations and structure-borne noise from the rotary
system to the stationary housing. This, isolating vibrations as close as possible to
bearings can help prevent its propagation to the rest of the structure.

Housing

ZZIN\\\\\\ -

AN

Figure 46. Noise transmission path initiated mainly at the gear mesh interface.
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Figure 47 shows an explosion view of a manual transmission casing of a passenger
car. The red-colored plate (gearbox plate 4467941) (Auto-Car, 2023) is the target
component for vibro-acoustic control. This plate houses two sets of bearings
corresponding to the transmission input and output shafts.

The main objective in targeting this plate structure is to effectively isolate vibrations
at the plate level to decrease the transmitted vibration energy to the rest of housing

and, consequently, reduce noise.

Figure 47. An explosion view of a passenger car's transmission casing.
The plate edge is fixed through six circumferential bolts. An isolator enhanced by
MR material with adaptive stiffness and damping properties is attached to the plate
in normal direction as shown by Figure 48. The effectiveness of the isolator to
attenuate noise and vibration depends on a proper tuning of its features according

to the excitation frequency.

Figure 48. Dynamic model for the transmission plate associated with the semi-active
vibration isolator.

54



Chapter 3: Methodology

The research project involved multiple phases: A, B, and C. Phases A and B were
conducted in Poland at Adaptronica sp. z 0.0., while Phase C was carried out in
Italy at the UNINA. Due to these distinct labs, different measurement instruments,
control facilities, measured quantities, and the design criteria parameter (v) were

adopted for each phase.

3.5 Control Strategies

The semi-active control can be applied in practice by adopting an open-loop, or
closed-loop control strategy. Implementing an open-loop control strategy
necessitates a precise optimization of tuning at specific frequency intervals,
delineated by the observation of attenuation in response peaks. This control
strategy relies on a linear rise of frequency with respect to time dictated by a
constant frequency sweep rate defined. Accordingly, the frequency-based control
function can be used for a given excitation in an assigned experiment time, t. Thus,
the open-loop semi-active control function Csao can be expressed as offered by Eq.
(29).

n
Csao = Z(Ciop - Cio_pl)H(t - ti)
i=1 (29)

where tiis a starting time for a typical time interval with an optimal control level.

On the other hand, the closed-loop control can be applied by identification of the
change in harmonic mode shapes. Considering the definition of node and antinode
from the theory of stationary waves (Halliday et al., 2013; Rao, 2011), the harmonic
mode shape is a natural mode or a transition between several natural modes in
resonant and non-resonant frequencies, respectively. As given by Eq. (20.1), the
absolute amplitude of response at an arbitrary point (e.g., blue point in Figure 49)
on the structure is either consistently bigger or consistently smaller than another
one (e.g., red point in Figure 49) at a particular harmonic mode @;. Therefore, if the
congruent inequalities become incongruent, it signals the change in the mode

shape (®; # @;_,) as given by Eq. (20.2).
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Figure 49. The relative position of points in a vibration mode.

< Vfi <fo
—&; =&y {(Wa); > ()i & Wa)im1 > (Wp)iy or (Wa); < (Wp): & (Wa);
< (wg)i}
(20.1)
D # Dy {(Wa);i > (Wp)i & Wa)i—1 < (Wp)i—1 or (4); < (Wp); & (va);
> (vg);}
(20.2)

Thus, the closed-loop semi-active control function Csac can be represented as
given by Eq. (21).
n
Coae = ) (€7 = C)H' (@ - @) o
i=1
where @; corresponds to the i" harmonic mode shape corresponding optimal
control level. Therefore, the parametric format of the open-loop and closed-loop
control functions (see Egs. (19) and (21)) is analogous; however, they can be

distinguished by the size of optimization frequency intervals, and the optimal pre-

compression levels consequently.

In this research, the identification of changes in harmonic mode shape is carried
out by using a pair of synchronized micro-machined accelerometers (MMAS). By
finding the correlation between the absolute response amplitudes of the MMAs, it
becomes possible to generate appropriate feedback, thereby facilitating the
operational sequence of the control loop as depicted in Figure 50. This method
offers two key advantages: first, it offers a robust closed-loop control by eliminating
the need for computationally intensive online fast Fourier transform calculations.

Second, it allows for harmonic mode identification using cost-effective MMAs,
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rather than expensive piezoelectric accelerometers. Thus, this approach is
particularly beneficial for testing in vehicle industry due to its relative robustness
and economic features. The closed-loop strategy, unlike the open-loop one, relies
on harmonic mode rather than time, making it ideal for semi-active control during

real-world conditions, spanning from zero to full acceleration drives or reversed.

Sine Sweep . Measured
G Structure
Excitation Output

Actuator

MMA

Figure 50. Closed loop control based on identification of harmonic mode shape.

3.6 Selection of installation and measurement point on the structure

Vibration mode shapes play a key role to position the vibration isolator properly.
So that the maximum vibration reduction rate can be attained if the isolator can be
positioned near the antinodes corresponding to a larger number of eigenmodes.
Targeting a large number of eigenmodes is challenging when it comes to higher
modes of vibration. So that in this condition, attachment of the isolator can be found
effective if it is positioned close to the antinodes corresponding to eigenmodes with
high effective mass. The effective mass Mest can be related to participation factor

y as provided by Eq. (22).
Mefri = Vi (22)

The mode participation factor can be obtained a follows

vi = {®}/ [M{D} (23)

where vectors @, M, and D refer to mode shape, mass matrix, and excitation
direction vector, respectively (Ansys® Academic Research Mechanical, Release
18.1, Help System, Modal Analysis Guide, ANSYS, Inc., n.d.). The eigenmode
shapes and effective mass ratio can be obtained by solving the dynamic problem

with the help of numerical simulation. In this study, the numerical model is built
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using the finite element software, ANSYS®. Then, an important point worth
noticing is the investigation of elastic wave propagation with respect to the
installation position. So that it can be observed to what extent the vibration wave
can be transmitted which is of great significance in mechanical transmission

systems.

3.7 Control Design and Measurement Settings

3.7.1 Control Setup and Measurement Configuration for Phases A and B

To generate vibrations, a shaker applies a sine sweep force, 25 mm and 100 mm
far from the cantilevered plate free vertical and horizontal edges, respectively. The
control devices include (a) measurement instruments, and (b) actuation devices

as depicted by .

A laser vibrometer for measuring velocity, a dynamic force sensor to measure
excitation force variation, and a National Instruments (NI) reading card for
recording and collecting data are required for measurement.

An MR sample, a linear actuator, a DPDT relay supplied by a power source, and
an NI writing card are necessary for the actuation tasks. The linear actuator
embedded with a hall sensor is dedicated to control the compression rate of metal
rubber (Silentflex ref. no.: 990000H27E (Silentflex, 2023)) to change the control

state and achieve different stiffness and damping levels.

Fixed Metal cushion
DPDT Relay | I_W
g\no  nofl Actuator Shaker

sensor

Writing card Reading card

Laser

vibrometer
National Instruments DAQ

Figure 51. Schematic representation of the automatic open-loop semi-active control
experiment setup.
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The MR sample hysteresis behavior is provided by Figure 52. Minimum and

maximum static loads are reported 50 kg and 600 kg, respectively. The maximum

permissible dynamic load equals to 1800 kg.
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Figure 52. Hystersis behavior of Silentflex MR sample (ref. no.: 990000H27E).

To control the actuator motion, a DPDT relay is employed which can change the

polarity and create three states of extension, contraction, and stop. To generate

motion steps, the hall sensor measures the piston position and attains the ideal

position through a feedback control program. All reading and writing tasks are

programmed in LabVIEW program.

3.7.2 Control Setup and Measurement Configuration for Phase C
To apply the semi-active control, a control circuit including a RPI 4 microcomputer,

a multi-channel relay, and a 24 Volt power amplifier is designed as shown by

Figure 53. The RPI 4 oversees writing extension, contraction, and stop commands

to the actuator, as well as reading the MMAS' responses following 12C protocol for

the closed-loop control. See Annex 2, Figure 1 for the relevant schematic circuit.
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Power Amplifier

Raspberry Pi 4

Relay

vl

Figure 53. Control circuit for semi-active control.

Vibration acoustic measurements were performed to evaluate the semi-active
control, where the transmission plate was excited with a sweep rate of 5 Hz/s
during harmonic testing. The test covered of 1000 to 3750 Hz. Vibration
measurement is conducted using PCB accelerometers (PZAs) (Figure 54 (left)),
while noise measurement is conducted using a pressure-pressure sound intensity
probe (SIP) (Figure 54 (right)). In the current acoustic test, excitation and
measurement are conducted using two independent Siemens LMS SCADAS
hardware units, with the semi-active isolator controlled by a RPI 4 microcomputer.
In contrast, vibration tests utilize a single Siemens LMS SCADAS hardware for
both excitation and measurement processes. The reason for this difference in test
setup is that the acoustic measurement software module is unable to define a sine-

swept excitation signal.

Shaker sy Mecasurement grid

Actuator

- L NN
Figure 54. Measurement setup: (left) vibration measurement, (right) noise measurement.
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The effectiveness of the control strategy to isolate vibrations is examined by
comparing the cumulative response across the entire frequency range Ae given by
Eq. (24) for control and without control scenarios.

n
Ay = Z Ay, (24)
i=1

To assess the control effect on noise level, the radiated power W is an important
metric which can be calculated based on integrating the measured sound intensity
| over the closed surface S as given by Eq. (25) (Hickling et al., 1997; Klaerner et
al.,, 2015). Hence, the control effectiveness for noise suppression can be

determined by comparing this important metric with and without control.

W= il ds (25)

The sound intensity itself is recorded in normal direction to the surface at discrete
points on a grid (illustrated by Figure 54 (right)), where each point is the
representative of an acoustic element. Therefore, by applying Eq. (25), the
radiated power can be derived within the frequency domain, thereby enabling the
visualization of a noise map at distinct frequencies (Batel et al., 2003; Petrone et
al., 2014).
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4.1 Chapter Organization

This chapter reports the results of three phases of research explained in chapter
3. The potential of MR material for adaptive structural control is demonstrated in
phase A. In addition, the results of semi-active vibration control are reported in
phases B and C. The results include both vibration, and acoustic response with

and without (w/0) control in a wide range of frequency.

4.2 Results of Phase A (cantilevered plate)

The natural frequencies for the cantilevered plate bolted on the longer edge are
reported in Table 3. A close agreement is achieved among the present results and
those given by reference (Nagino et al., 2008).

Table 3. Natural frequencies obtained for the cantilever plate compared with reference.
Natural Frequency (Hz)

Mode Numerical Experiment Reference
no. (present) (present) (Nagino et
al., 2008)
1 28.24 26.28 28.30
2 51.66 47.03 51.70
3 116.96 112.13 117.02
4 177.47 163.83 178.02
5 209.47 196.30 210.00
6 254.40 253.08 255.00

The corresponding deformation contour plots obtained through numerical
simulation are shown in Figure 55. It can be deduced from results that the two free
corners of the cantilevered plate participate in all harmonics moving either in-phase

or anti-phase.

Mode 1 Mode 2 Mode 3

Mode 4 Mode 5 Mode 6
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Mode 7

Figure 55. Deformation contour plot of the cantilevered plate for the studied eigenmodes.
In the next step, the effect of the MR —based isolator on structural behavior of the
cantilevered plate is studied. The isolator is attached at a free corner to contribute
maximally to displacement reduction as shown in Figure 56. The shaker applies a
sine sweep force 25 mm and 100 mm far from the plate free vertical and horizontal

edges, respectively (see Figure 56).

plate

Force sensor Shaker Laser Vibrometer

Linear actuator Metal rubber

B -

v ,“ Y™ »\
Figure 56. Vibration test setup of the cantilevered plate controlled by the MR—based
isolator.

The relationship between piston displacement and MR sample compression rate
is presented in Figure 57. The MR sample compression is not linear with the applied
actuator load which means it gets compressed to a lower extent than the piston's
movement. This effect is caused mostly by the elastic deflection that occurs at the
plate's free corner where the isolator is attached. As can be observed in the
diagram, the compression of the MR material is substantially smaller as compared
to the displacement of the piston. In fact, the piston displacement of 3 mm is a
turning point where for values below 3 mm, the stiffness of MR is noticeably greater
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than the plate stiffness. While for displacement values of bigger than 3 mm, the
stiffness of MR slightly decreases. This phenomenon is an important aspect which
should be considered in the implementation of MR-based isolators requiring

precise control of mechanical motions.
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Piston Displacement (mm)

Figure 57. Relationship between the pre-compression rate and piston displacement.
The vibration level averaged along the free edge for four levels of pre-compression
rate (C) corresponding to 1 mm, 2 mm, 3 mm, and 4 mm displacement of actuator
piston, is presented in Error! Reference source not found.. It can be inferred that t
he MR-based isolator is tuneable to the eigenmodes within the studied frequency
range. The isolator influences the response by changing both the amplitude level,
and number of resonances. The isolation method reduces all large-amplitude
resonances except the first one, which is adversely affected by pre-compression
rates of 0.76% and 1.95%. The number of resonances with isolation is obviously

larger than without isolation case due to absorption of energy.
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Figure 58. Vibration levels for different pre-compression rates obtained by harmonic test

The vibration response is also estimated using FEM considering Shell and Spring
elements for the cantilevered plate and the isolator, respectively. First of all, the
response for the without treatment case is approached to the experiment response
by carefully relaxing the boundary conditions. As shown by Figure 59, a particular

percentage of plate edge is constrained to introduce partial fixation.

Fixing a particular set of segments on the
edge to relax the boundary condition

Figure 59. Relaxing boundary conditions to approach the experiment eigenfrequencies.
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According to the graph given by Figure 60, the 26% curve is accepted.

T T
No Treatment (Experiment)

—----No Treatment (FEM) 100% Fixed

103 L ———-No Treatment (FEM) 51% Fixed .
o No Treatment (FEM) 34% Fixed ]
----No Treatment (FEM) 26% Fixed v/

Vibration level (dB rel. lmms'lN'l) [dB]

1 | | | |
100 150 200 250 300
Frequency [Hz]
Figure 60. Comparing experiment and FEM results for the without treatment case
considering different percentage of edge fixation.

the stiffness and damping of metal rubber is a function all components in series on
the line of action noted by dashed red line in Figure 56, not only the MR sample.
Hence consideration must be applied to estimate the stiffness and damping
properties in order to achieve a meaningful insight regarding the experimental

results.

Given the inverse relationship between damping and stiffness in metal rubber with
respect to pre-compression level, compressing the material leads to increased
stiffness but reduced damping (Rie3 and Kaal, 2021). The metal rubber is
represented using a spring element (Link element), and based on the mentioned
relationship between stiffness, damping, and pre-compression rate, two finite
element models are developed, incorporating appropriate values for directional
stiffness (kL) and directional damping (dL). The Finite Element Method (FEM)
results reveal that pre-compressing the metal rubber predominantly shifts the
peaks to the right and downward.

The results are presented in Figure 61. If we interpret the effects of stiffness and

damping as absorption and dissipation, respectively, the study confirms that the
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absorption achieved through pre-compression is more influential than the
decrease in damping. In other words, the contribution of stiffness, which divides
the initial peaks into multiple shorter peaks, surpasses the impact of reduced
damping feature. by pre-compressing the metal rubber, effective absorption and
dissipation of vibration energy are achieved, confirming its potential for utilization
in a semi-active mode, as elaborated in phase B. Another noteworthy observation
is the numerical results are more closed to the experiment at lower frequencies (<
200 Hz) than higher frequencies. Moreover, the higher number of observed peaks
in experimental results compared to numerical results, attribute to the higher

complexity of the actual structure integrated with the isolator.

102 f
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Figure 61. FEM results associated with experimental ones for the with treatment case.

107

As reported in Table 4, the response curve area (U) can be reduced by increasing
the pre-compression rate (C). So that a multimode vibration isolation of almost 44

% is achievable by a pre-compression rate as small as 4 %.

Table 4. The reduction rate achieved per different pre-compression rates.

C U (Hz.ms2N1) Reduction rate
(%) (%)

0 3656.3 -
0.76 3009.7 17.68
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1.95 2158.1 40.98
3.58 2071.2 43.35
4.16 2034 44.37

The results revealed that higher pre-compression rate offers higher isolation rate
over the whole frequency range, although the relationship between the C
parameter and vibration amplitude is not necessarily linear when it comes to local
peaks. So that the isolation rate can be improved if the isolator follows a semi-
active scheme optimized in frequency domain. Accordingly, an automatic semi-
active vibration control strategy will be proposed in the next section, where wide
band vibration cancellation is accomplished through a range-by-range vibration

treatment.

4.3 Results of Phase B (Bearing host plate)

The experimental setup entails a bearing host plate that is securely fastened
alongside its edges. This plate is subjected to excitation using an electromagnetic
shaker, and this excitation occurs within the frequency range of 200 Hz to 1800
Hz, as illustrated in Figure 62(a). As described in Section 2.3.2, the excitation is
applied with an angle of 45° to ensure equal loading components are applied. The
frequency response derived from experiment is used to extract natural
frequencies. Moreover, a free vibration analysis is conducted through numerical
simulation, employing higher-order shell elements to model the plate's behaviour.
Additionally, a point mass element is used to represent the bearing and shaft
masses, as demonstrated in Figure 62(b).
(a) (b)
(o] O| I Fixed Support

|

l a -

i Point mass elements
|

|

© o’ 0o o I—’

Figure 62. Bearing host plate: (a) schematic model, (b) finite element model.

The experimental results are compared with numerical ones in Table 5 and a

relatively close agreement is obtained. The error achieved between two methods
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is expectable due to the ignorance of the shaft and bearing stiffness in numerical
simulation. The effective mass ratio is also reported for each eigenmode, as a
result, mode numbers 1, 3, and 8 have the most contribution in system dynamic

response.

Table 5. Natural frequencies for the cantilever steel plate (450*300*3 mm3).

Natural Frequency (Hz) Error
Mnoode (r%%{a { ijcwél) Numerical Experiment (%)
' (present) (present)

1 2.12 240.67 246.78 2.54
2 0 360.35 362.1 0.49
3 7.14 388.48 402.96 3.73
4 0 523.57 516.39 1.37
5 0.15 595.64 553.23 7.12
6 0 629.96 646.24 2.58
7 0 843.44 732.8 13.12
8 8.6 937.57 803.23 14.33
9 0 1017.5 1025.54 0.79
10 0.22 1054.3 1122.21 6.44
11 0 1154 1341.39 16.24
12 1.43 1235.2 1468.28 18.87
13 0 1259.6 1512.1 20.05
14 0.49 1435.2 1647.31 14.78
15 0 1504.2 1682.8 11.87
16 0.01 1532.8 1713.36 11.78
17 0 1657.2 1734.68 4.68
18 1.6 1661.2 1753.67 5.57
19 0 1667.2 1769.36 6.13

The deformation contour plots for the eigenmodes with the biggest effective mass
ratio are shown in Figure 63. It is It can be observed that primarily the eigenmodes
are of out-of-plane type in the studied frequency range. Therefore, the vibration
isolator is considered to be considered normal to the plate plane to provide the
greatest isolation effect. Considering the deformation distribution illustrated by
Figure 63, the isolator location is denoted by (%) where primarily targets the
antinode associated with mode no.8. Additionally, it affects the antinodes

corresponding to mode no.1, and to some degree with mode no.3.
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Mode no. 1

Mode no. 3

Mode no. 8

Figure 63. Deformation contour of the bearing host plate for the eigenmodes with largest
effective mass ratio.

The isolator is located near an antinode corresponding to the first eigenmode and
at a distance equal from the shaft and the plate edge. So that the wave
transmission mechanism before and after reaching the isolator can be studied.
Figure 64 shows the physical setup for the bearing host plate forced vibration test.
Points A and B which lie on symmetric lines with respect to the bearing position,
are selected for optimal tuning of the vibration isolator (see Figure 64). The choice
of these points is motivated by the aim of minimizing the response at points as
close as possible to the excitation source.

| A‘ 20 & T § N
Figure 64. Positioning the isolator on the bééring host plate, and assigning the
optimization and measurement points.
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As a result of vibration test under semi-active control, the mobility spectra for points
A and B considering a possible range of compression rates are presented in Figure

65 (a) and (b), respectively.

(a) (b)

n

0.5

Mobility (mm 5! N‘])

Mobility (mm s! N‘I)

Figure 65. Frequency response surface for different pre-compression levels recorded at
points: (a) A, and (b) B.

To perform the cumulative optimization, the frequency range is divided to four
equal frequency intervals. Each frequency interval is considered for dual objective
optimization of pre-compression rate based on minimization of U parameter for
points A and B. Figure 66 (a-d) illustrate the variation of U value at points A and B
versus C parameter. The cumulative optimization algorithm searches for the
minimum value U common between points A and B. So that it converges after |, Il,

[ll, ... iterations reaching the optimum value of C for each frequency interval.
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Figure 66. U parameter versus pre-compression level at points A and B, and
convergence of optimization algorithm: (a) 200-600 Hz, (b) 600-1000 Hz, (c) 1000-1400
Hz, (d) 1400-1800 Hz.
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According to the result of optimization, the optimal values of pre-compression for
the four chosen frequency ranges are obtained as Copt1=3 mm, Copt2=3 mm, Copt1=2

mm, and Copt1=5 mm. So that the optimal control function can be written as

Csemi-active = 3 heaviside(f — 200) — heaviside(f — 1000) (26)
+3 heaviside(f — 1400);
The results of point by point and cumulative optimizations at points A and B are
illustrated in Figure 67 (a) and (b), respectively. It can be determined that when a
sine sweep excitation is used, the cumulative optimization is more useful than the
frequency based optimization. The reason is that the cumulative optimization
provides a limited number of optimal levels that correlate to specific frequency
ranges, whereas point-by-point optimization provides an optimal level for each
frequency value. As a result, when cumulative optimization is used, fewer actuator

movements are needed, and the transient effect caused by actuation motion is

reduced.
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Figure 67. Optimization results based on point by point (—), and band (==) optimization
methods associated with the reference (—) recorded at points: (a) A, and (b) B.

In order to isolate vibrations semi-actively, the control function obtained by band
optimization is used to define the optimal control path for a forced vibration test

which takes 200 seconds indicated by Figure 68.
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Figure 68. Optimal pre-compression path in frequency and time domain.
The mobility-frequency response at optimization points with and without (w/0)
semi-active control is demonstrated by Figure 69. Points A and B exhibit isolation
rates of 13.63% and 5.95%, respectively. These specific points hold significance
in the optimization process, although their vibration reduction rates are relatively
minor. The modest impact on vibration levels at points A and B can be attributed

to their considerable distance from the isolator attachment point.
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Figure 69. Mobility response w/o control recorded at points: (upper) A, and (lower) B.
To reach a clear understanding of the structure behavior w/o semi-active control,
points 1-4 showed in Figure 70 are considered for measurement. According to
Figure 70 (a-d), the semi-active vibration control led to reduction of vibration by
20.94 %, 23.54 %, 43.76 %, and 55.17 %, respectively for points (1-4). The highest
isolation rate occurs at point 4, closest to the isolator attachment position. With
respect to the elastic wave propagation indicated by blue arrows in Figure 64, points
A and 3 are positioned on opposite sides of the isolator, with point A preceding it.
The isolation rates for points A and 3 are 13.63% and 43.76%, respectively. This
increase in isolation rate occurs as the elastic wave passes the isolator attachment

position. Similar reasoning applies to points 1 and 2.
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Figure 70. Mobility response w/o control recorded at points: (a) 1, (b) 2, (c) 3, and (d) 4.

The effectiveness of current semi-active approach for different contributions of
excitation load is investigated. For this purpose, harmonic tests for several
excitation angles are conducted w/o semi-active control. Figure 71 demonstrates
the effect of loading components contribution on the U parameter w/o semi-active
control over the whole frequency range recorded at point 4. It can be observed that
the semi-active control has led to isolation at all angles; however, the isolation rate
is minimum at the angle of 0°. The isolation rate obtained for angles 0, 30, 45, 60,
and 90 is 26.76 %, 68.86 %, 55.17 %, 51.75 %, 51.63 %, respectively. The isolation
rate is minimum for the loading angle of O which is expected since the isolator is
attached normal to the plate, and loses its efficiency when the normal component

of bearing reaction force is much smaller than the in-plane one.

90°

30°

o
0 100 200 300 400
U(mm s ' N Hz)
Figure 71. Effect of loading components contribution on U parameter w/o semi-active
control over the whole frequency range (200-1800 Hz).
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To figure out the influence of loading components contribution on the control

approach at resonances, the mobility-frequency response is studied. Although

Figure 71 shows that a successful isolation is feasible according to U parameter

criteria, the results of mobility amplitude at resonances, reveal favorable and

unfavorable effects as reported in Figure 72.
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Figure 72. Effect of loading components contribution on mobility (mm.s-1N-1) amplitude

with ( ) and without (____ ) semi-active control reported at resonances.

It can be observed that a successful isolation is attained for excitation angles of
30°, 45°, and 60° at resonances 246.78° Hz, 362.1° Hz, 402.96 Hz, 516.39 Hz,
533.23 Hz, 732.8 Hz, 803.23 Hz and 1122.21 Hz, whereas unfavorable effects
attribute to the angles of 0°, 90°, or both of them. Ergo, it can be stated that
vibrations can be isolated at the vicinity of isolator attachment point in the
frequency range of 246.78-1122.21 Hz for 30°, 45° and 60° loading angles which
offers a wide range of angles for mechanical transmission systems design.
Excitation angle of 0° has produced unfavorable impacts in more than 50% of
resonances across the entire frequency range. This indicates that the efficacy of
isolation decreases when the in-plane component of loading is significantly greater
than the out-of-plane component. Although having unfavorable local effects is
inevitable using the semi-active control based on optimal U parameter, they can
somewhat be eliminated by reducing the size of frequency interval for optimization
of U parameter. It should be also noted that under operational industrial condition,
the favorable effects can be enhanced since the working frequency ranges are

determined and limited.

4.4 Results of Phase C (Vehicle Transmission Plate)

4.4.1 Results of Natural Frequency Testing
The plate natural frequencies obtained by modal testing are in accord with those
achieved by FEM using ANSYS (version 2022 R2; Ansys Inc.) as reported in Table

1. The natural frequencies are quite far from the metal rubber resonance, which,
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as reported by Silentflex Company, falls between 14 and 18 Hz (Silentflex, 2023).
Since the first natural mode has the highest contribution in the structure harmonic
response, the isolator is attached to the hole noted by star symbol on the FEM
model in Table 6 to affect the first natural frequency antinode. In addition, having
enough room for the shaker required for the upcoming harmonic tests slightly limits
the freedom to position the isolator. The natural mode shapes also help choose
proper points for optimization. In this regard, points A and B are selected for
double-objective optimization since they are more or less close to mode shapes

antinodes.

Table 6. Natural frequency and mode shapes obtained by experiment and FEM.

Experiment FEM
Natural Natural Mode Natural Natural Mode
Frequency Frequency
(H2) (H2)

2345. 74 2151.3

0.000 0.100 0.200(m)
]

0.050 0.150

3454.66 3595.5

0.000 0.100 0.200(m)
]
0.050 0.150

Covered by the isolator”
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4910.8

Covered by the isolator o R 8300

0.050 0150

4.4.2 Results of Tuning
To tune the vibration isolator, a parametric study on the effect of six control levels

which correspond to 2%, 3%, 4%, 5%, 6%, and 7% pre-compression rates is
carried out. The result of impact hammer testing indicated by Figure 73(upper) and
(lower) represents the effect of control level on the response at points A and B,
respectively. These findings highlight the potential to fine-tune the isolator and
reduce vibrations by adjusting the control level. The outcome of optimizing the
parametric studies is visually manifested through the utilization of color-coded
lines. In this context, the red and green lines are expected to be the optimal
responses associated with the open-loop and closed-loop strategies, respectively.
It is worth noting that the multitude of resonances surpassing those listed in Table
6, is attributed to the supporting structure's contribution to the response recorded
which is even unavoidable in operative conditions. Thus, in this study the effect of
vibration control will be assessed in the whole frequency domain continuously

including all resonances.
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Figure 73. Response recorded at optimization points associated with reference response
(black line), open-loop optimal. response (red line), and closed-loop optimal response
(green line): (upper) point A, (lower) point B.

Finally, the optimal semi-active functions for open-loop and closed-loop controls
are driven by Egs. (13) and (14), respectively. In addition, Figure 74 shows the
optimal control paths for open-loop and closed-loop strategies. The two paths are
different because the harmonic modes determine the optimization frequency
intervals for the closed-loop strategy, while the open-loop strategy is developed
based on observation of response peaks.

Couo = 6H*(f — 1000) — 4H*(f — 2000) + 3H*(f — 2500)

(13)
— 4H*(f — 3250) + H*(f — 3600)
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Coue = 6H*(f — 1000) — 2H*(f — 1177.7) + H*(f — 1326.1) +
H*(f — 1587.2) — H*(f — 1793.2) — 3H*(f — 2293.6)+4H"(f — (14)
2396.8)+5H"(f — 3620.9)
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Figure 74. Open-loop and closed-loop optimal control paths.

4.4.3 Results of Noise and Vibration Control
According to Figure 75 (upper), the vibration response is measured by PCB

accelerometers at points 1, 4, 6, 8, 10, 15, 18, 28, 30, 34, and 35, while points 10,
and 15 are the only points for the optimization. The points in green circles are
unmeasurable because of interference with the isolator. The dashed red circle is
the shaker stinger attachment point. Therefore, the study analyzed vibrations at 11
selective points (see Figure 75 (upper)) and found that open-loop and closed-loop
strategies can reduce vibrations by 28.71% and 23.57%, respectively (Figure 75
(lower)). One more finding is that the closed-loop curve behaves like an off-set of
the open-loop curve; however, their amplitude compared to each other is variable
over the frequency range.

84



Chapter 4: Results and Analysis

—— Without Control /\\v/\
/4 4 p <2

F ——— Open-Loop Control
———"-Closed-Loop Control 5l

<

Sum of Squared Accelerations (db rel. 1 gz/Nz)

1 1

-1 | I I
10
1000 1500 2000 2500 3000 3500 3750

Frequency (Hz)

Figure 75. Vibration control testing: (upper) measurement points marked by yellow
circles, (lower) structural response w/o control.

The Radiated power measured by SIP is illustrated by Figure 76 indicating the effect
of control strategies with the reference case where no control is applied. The open-
loop and closed-loop strategies adopted for noise control resulted an overall
isolation of 25.03% and 19.97%, respectively, indicating proper attenuation of
structure-borne noise. A largely favorable influence on the radiated noise level is
found across the studied frequency range using the closed-loop control strategy.
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However, there is a unique lower frequency band below 1375 Hz where two distinct
peaks clearly exceed the reference noise level. The extent of this adverse effect is
substantial, resulting in a reduction of the overall closed-loop impact to a level
lower than the overall open-loop impact. Shifted slightly to the right along the
frequency axis, the aforementioned adverse effect is also evident in the open-loop

response, albeit with reduced intensity.
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Figure 76. Radiated power measured by sound intensity probe.
The representation of radiated power in standard one-third octave frequency
bands is provided by Figure 77. Despite the overall noise reduction discussed
previously, it is essential to address the adverse effects observed within certain
frequency bands. Notably, the open-loop technique demonstrates effectiveness in
the first and third octave bands, whereas the closed-loop strategy proves
advantageous across all octave bands except for the first one. To scrutinize the
underlying cause for the adverse effect observed in the first octave, the frequency
response for both vibrations and acoustics should be investigated. The vibration
frequency response given by Figure 75 shows no indication of shortcomings at low
frequencies for the closed-loop control scheme. However, in Figure 76, illustrating
the radiated power in the frequency domain, "Closed-loop Control" curve have two
peaks at 1483.41 Hz and 1505.27 Hz, surpassing the "Without Control" curve

86



Chapter 4: Results and Analysis

values. It is noteworthy that, given a sine-swept excitation rate of 5 Hz/s, the
transition from the first peak to the second one occurs over a duration of 4.4
seconds. The brief transition time is susceptible to time mismatches from a
possible imperfect triggering of the three hardware components (two measurement
units and one control unit described in section 3.7.2). A solution to this challenge
is to conduct all measurement and control tasks using a unique processor, and
program the processor to trigger all tasks simultaneously. For instance, the
execution of the aforementioned tasks can be all delegated to a single
microcomputer; nonetheless, it necessitates hardware development, such as the

incorporation of signal conditioning circuits, and software development.

An alternative factor resulting the observed adverse effect of control at low
frequencies could be the material elastic instability after cycles of loading and
unloading. As outlined in section 4.4.2, with six control levels (2-6% pre-
compression rates) applied to the 25 mm MR sample, the MR sample static
displacement domain spans from 0.5-1.5 mm, with notably small increments. The
reason behind this control domain definition is to prevent excessive elastic
deformation to the host structure shell which is not recommended for long term
operation. Consequently, such these small control levels may be applied
inaccurately if the elastic instability order exceeds the displacement steps. Thus,
studying the elastic instability of MR material under different levels of porosity is a

topic of paramount importance to be carried out in future studies.

The radiated power contour plots corresponding to these octave bands are
represented by Appendix 2. The radiated power maps offer a continuous variation
of power over the surface which verifies the continuity of energy, indicating that the
measurement grid size adopted is sufficient. In addition, making a comparison
between plots with and without control notifies that the control does not much
improve the area around the stinger attachment point. The last point is that

comparing plots with and without control reveals fewer distinct zones in the
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controlled map. This suggests the suppression of some vibration modes of higher

order.
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Figure 77. The radiated power in 1/3 Octave band.
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5.1A glance to research motivation

The impact of means of transportation on the overall comfort and life quality of
passengers in urban areas is multidimensional, including vibration, noise and other
responsible effects. In recent years, the effects of excessive noise pollution on
urban dwellers are becoming more dominant. To address this issue, the United
Nations Economic Council for Europe (UN/ECE) has introduced stringent
regulations on the permissible levels of noise emitted by vehicles. These
regulations emphasize the necessity to improve the vehicle noise and vibration

performance.

One of the most important contributors to vehicle overall acoustics is powertrain
noise. In the era of automotive electrification, where electric motors replace the
traditional internal combustion engine, engine noise is vanished but this transition
has overshadowed the prominence of powertrain noise. EVs and hybrids in
particular are known for relatively loud powertrain noise. Addressing powertrain
noise is therefore of the utmost importance as it can significantly affect passenger
comfort and the overall occupant experience. Furthermore, in an urban
environment where traffic congestion is prevalent, the noise generated by heavy
traffic can greatly affect the quality of life for urban residents so it is important to
find innovative solutions to reduce electrical noise and enhance acoustic comfort

for commuters and city dwellers.

There are two main methods of effectively reducing power supply noise that can
be used alone or in combination. The first involves redesigning the powertrain
design itself, focusing on optimizing components and reducing noise-generating
processes. The second approach involves innovative vibro-acoustic solutions that
can accommodate, to smooth, or reduce the vibration and noise generated by the
powertrain. The solution can be integrated into the structure of the vehicle to

reduce noise to the passenger compartment and surrounding environment

Several innovative solutions have emerged to address noise and vibration
challenges in vibration and sound control, especially in automotive-like

applications where lightweight systems, fuel efficiency and wideband efficiency are
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essential conditions to be met. These solutions encompass passive, active, and
semi-active systems. Passive solutions involve the use of materials and structures
designed to absorb or dampen vibrations and noise passively, enhancing comfort
without the need for active intervention. Active solutions, on the other hand, employ
sensors and actuators to actively counteract incoming vibrations and noise,
offering real-time noise cancellation. Semi-active systems strike a balance
between the two, providing dynamic control of vibrations and noise while
optimizing energy efficiency. In the automotive sector, where reducing vehicle
weight and fuel consumption are critical, semi-active vibroacoustic control
solutions play a pivotal role in creating quieter, more efficient, and more

comfortable vehicles for consumers.

5.2Summary of key findings and contributions

This is the first thesis to present a semi-active vibration control based on MR
material, the frequency adaptability of which was previously demonstrated by Riel3
and Kaal (Rief? and Kaal, 2021). The current research design includes the MR
sample selection, assembly of the electromechanical devices, and programming
the control. The assessment of noise and vibration reduction is carried out in three
phases using different structures including a cantilevered plate, a bearing host
plate, and a vehicle transmission system plate.

In the first phase, the cantilevered plate which free vibration behavior has been
validated by numerical simulation and literature is tested under different pre-
compression levels of the MR material. The results revealed 44 % reduction of

plate free edge mobility amplitude when the MR is compressed only 4 %.

The result obtained for vibration isolation of the cantilevered plate provided the
confidence to employ the MR-based isolator for a bearing host plate, as a practical
example. In this regard, the isolator has been positioned according to the analysis
of eigen mode shapes obtained by numerical simulation. The excitation has been
applied with an angle of 45° to impose comprehensive reaction forces. A point-by-
point numerical optimization led to a heavily variable control path which

implementation is not feasible for a sine sweep excitation since the control state
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should be changed repeatedly, inducing many transient effects. For this reason,
the results have been optimized through a cumulative method which minimizes the
U parameter in frequency ranges, and proposes a control function based on
Heaviside functions. With the help of Heaviside functions, optimal values of control
variable, C, have been introduced not for each frequency value but for four
frequency ranges of the same size. Hence, the actuator required to move for fewer
times. So that an open-loop semi-active control strategy has been developed for a
given frequency range based on the cumulative optimization results to isolate the

vibrations.

Studying U parameter values at a point near the actuator attachment point,
isolation rates of 26.76 %, 68.86 %, 55.17 %, 51.75 % and 51.63 % have been
recorded for the excitation angles of 0°, 30°, 45°, 60°, and 90°, respectively, using
the current semi-active control. The parametric study on the angle of excitation
revealed that the semi-active control efficiency reduces when the in-plane
component of bearing reaction force is much bigger than the normal one.

The second phase of study is dedicated to investigate noise and vibration
mitigation efficiency for a plate hosting main transmission bearings in a passenger
car. So that by isolating noise and vibrations at the plate level, its transmission to
the rest of components can be prevented. To the best of our knowledge this is the
first study to assess the effect of a semi-active MR-based isolator in a real-world
application. The isolator is tuned to minimize the response at two key points
through optimizing the response of a hammer impact test. The result of
optimization is used to build the control functions for open-loop and closed-loop
strategies using Heaviside functions. It is noteworthy to mention that a novel feed-
back control is introduced in this research based on harmonic mode shifting which
benefits the development of assessment testing in real-time vehicles. In sum, the
semi-active control attenuated vibration level by 28.71% and 23.57% using open-

loop and closed-loop strategies, respectively.
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In terms of noise control, the implementation of open and closed strategies
revealed noticeable results, as shown 25.03% and 19.97% respectively. This
means an effective reduction of structure-borne noise is made possible. In
particular, the use of a closed-loop control strategy has shown a favorable impact
on the reduction of radiated noise levels across the entire range analyzed.
However, a distinct observation appears within a certain low frequency range,
namely below 1375 Hz, where two noticeable peaks exceed the reference noise.
This negative effect is particularly visible and results in a significant effect in the
overall isolation rate. Shifted slightly to the right along the frequency axis, the
aforementioned adverse effect is also evident in the open-loop response, albeit

with reduced intensity.

The functionality of the current approach is deemed acceptable for NVH (Noise,
Vibration, and Harshness) improvement. However, it is observed that the closed-
loop control exhibits slightly lower efficiency compared to the open-loop control,
attributed to the differences in the optimization procedures employed.

5.3Recommendations for further studies and improvements

Several research and development avenues are open to enhance the functionality
and application potential of current research semi-active solution. First, extending
the number of MMAs in the system can significantly increase the closed-loop
controllability to identify the mode shape perfectly rather than just identifying its
change.

Another viable solution is to centralize measurement and control tasks on a single
processor, programming it to trigger all tasks simultaneously. However, this
approach requires hardware development, including signal conditioning circuits,
and software development.

Enhancing the current semi-active controller involves exploring self-powered
methods, utilizing pre-compression force to pressure a piezoelectric transducer for

potential actuator power. The promising concept, however, poses complexities like
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designing charging circuits and precise voltage control, necessitating further

research and development.
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Annex 1

In addition to its current focus, this Ph.D. program also explores another research
direction using piezoelectric shunt circuits to control noise semi-actively. Within
this context, a numerical model is developed to realize the ABH effect virtually with
help of capacitive shunt circuits. The main objective is to attenuate structure-born
noise for several resonance modes. Theoretically, virtually imposing the ABH
effect is feasible through the electrical analogy which equalizes stiffness with
capacitance. The ABH effect is virtually defined by considering i number of
piezoelectric elements with equal distances attached on a beam surface (see
Annex 1 Figure 1). Each piezoelectric element is shunted independently by a

capacitor.
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Annex 1 Fig. 1. (A) physical ABH, (B) virtual ABH, (C) stiffness and capacitance

variations.

A noteworthy advantage of virtual ABH is the potential for semi-active use which
is obviously impossible with the ABH effect imposed by geometry. In addition, the
geometrical restrictions related to the physical manifestation of the ABH effect
(such as having enough initial thickness and material) do not apply to the virtual

method.
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For two main reasons the virtual ABH effect deviates from the ideal ABH: 1. Since
the energy conversion rate in piezoelectric material is not 100%, the ABH effect
can never be idealized. 2. The capacitance profile is discrete along the beam due
to the distance between piezoelectric elements which is unavoidable.

The results of present numerical modeling revealed at least 6.37 % improvement
for noise radiation. The attenuation is well achieved by breaking down each peak

to many more peaks which results an effective absorption effect.

Finally, the virtual ABH effect realized numerically in the present research can be
used for isolating structural noise in industrial bodies where there is enough

surface for attachment of piezoelectric elements.
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Annex 2

The electromechanical control circuit, along with the necessary wirings is
illustrated by Annex 2 Fig. 2.
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Annex 2 Fig. 1. The control circuit including all electromechanical components.
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Annex 3

The Annex 3 Table 1 offers contour plots illustrating non-dimensionalized radiated
power, achieved by dividing the radiated power by the maximum value of power
(Wmax) of the same contour plot.

Annex 3 Table 1. The radiated power maps in one-third octave band centre
frequencies (--- represents the stinger attachment point).
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